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Abstract

The noise sources and mechanisms of the front and rear HVAC systems of an
automotive are characterized experimentally. The front system has three main outlet
ducts equipped with louvers and operates in two modes of bypass and recirculation. The
inlet and outlet sides of the rear system are both located in the cabin; hence, it always
works only on the recirculation mode. The outlet duct of the rear system is covered by a
ten-hole curved plate which is found to be a strong source of noise. Both systems are
tested at the highest possible flow rate, as it is the most annoying condition of noise
generation. The noise coming out of each duct of the front and rear systems and their fan
units are measured separately. Since the fan is an important part of the systems, it is
studied at different speeds with more details. In order to compare the effect of the noise
generated by the fan section with the noise produced by the complete system, the
impeller is replaced with a speaker generating an overall sound level similar to the fan
noise. Under this condition, the flow noise due to the evaporator core, distributive ducts
and louvers are cancelled. It is concluded that at low frequencies the duct flow-noise is

dominant. At high frequencies, the effects of both duct flow-noise and fan noise are

i



important. To find out how the combination of the outgoing sound from the vents and
fans inlet affect on the driver and passengers, some measurements are carried out inside

the cabin of the automobile.



Acknowledgments

I would like to express my sincerest gratitude to Dr. S. Ziada for his guidance,
instruction, helpful advices, encouragement and financial support in the course of this

project. His patience and understanding is greatly acknowledged.

I would also like to appreciate the Climate Control Division of Ford Oakville Assembly
Plant for providing the HVAC systems, fans, related components and on-site test

facilities.

To the technicians in the Department of Mechanical Engineering: Dave, Ron, Andrew

and Joe, thanks for your tremendous assistance.

I would like to thank the members of the FIV research group for all those invaluable

suggestions and discussions.

Lastly, but not least, I would like to thank my friends and family for their constant

support and encouragement.



Contents

TR o ity b s Bas it el dmalbressbaiu vl e iii
DO W BIENINCINES s siosommoi o oot i i 3550 65 503 4 K0 5008 AR AR \%
INETUESIETERIREED i ittt s s s bl e s i Vi
18t Of FIEes o ovwevmasssii e nsimmirmmshamismuimsmuiissnhmimiaisii b vii
LSk OF T 8 scssiunsnirummsnimnovussi osssocetmmsorsseshtinss o s Soaas s Sy e e SRR 70 ix
CHAPIRE 15 TOREOMCRROIN 1 cunsion consion svprncs oo omansasss s i 93840 450 59550 USSR 1
Chapter 2: LIterature REVIEW .........cccooiiiiiiiiiiiiiiicieiieieei e 7
2  IUEOCTTCRIOTT o cormammnms v o e s e o S T SR A e RS 7

2.2 Theory of Flow-Tndueed SONAE oo o smrissimissmmsesss 7

2.3 Cortriftigal TFans .......cououmonmsmmsersamsesamserssssass sammssssnsss ssssnssssesssansnsssssnossxasnsssns 10

2.3.1 Forward-Curved Fans: Performance ............ccccceveeviiveniienieniennenene. 13

2.3.2 Forward-Curved Fans: Aerodynamic NOiS€ .........c.ccceeveeviireernennn. 15

2.4  Automotive HVAC SYSEIMS ...cocueiiuiiiiiiiiieiiiieiie ettt 22

2.5 Computational Methods ..........cccceviiiiieiiiniiniiiieneceeee e 25

2.6 Rescarch ODJCOIVES wsommssnmsnsimstsbissssisso oo s s eassn saaimmess sorse s 29
Chapter 3: Experimental Apparatus and Measuring Technique ..........c.ccocevviiiiiininnnnn. 30

Vi



3.1 INErOAUCTION .ttt 30
ut  ADPAADIS s asimranmstonmbio it s it i G e ybinh iy 33
3.3 Three-Microphone Method .........ccccoovvvviiiiiiiiiiiiecic e e 36
B4 IICTOPIOTGR. .cnc.osmmrmmnns mmemmssaims smmnsmnam sty ssmesisoma e smmssins ks s A AR 40
3.3  Dala XCOuisIlonN . iiniamiismmsios sinsmimies it it ot 41
36 Verification of the Measuring TeCHQUR .o mrmmisassamsmsane 41
Chapter 4: Results and DiSCUSSION .......ccccuiiiiiuiiiriiiinieiiiieeeniieeesreessireeessieeeessssmeeeesseeesnens 45
Al IO RO .. i i s B s s i i o 5% 45
4.2 Front HVAC SYSTEIM .. .coiiiiiiiiiieiiesiicsieesite sttt snie e s e s sne e 45
A3 REEE TIV AL SHRIBIIN 1m0 s cnuscshn s ks o 556 55005.53.45.5 55 530905 5605555 5855505 55500 56
4.4 Front HVAC System Fan........cccccooiiiiiiiiiiiiiicccecce e 61
4.5 Rear HVAC System Fan .......ccccooiviiiiiiiiiiiiicies e 69
4.6 Evaluation of the Fan Contribution in HVAC System Noise Generation.... 75
4.7 In-Car Noise MEASUIEIIEINE < cemssisinsstsninionssnssssmsnmstssanssnsnsssios shsssssnanisisss 81
Chapter 5: Conclusions and Recommendations..............cocuveeeeiieeiiiiieeciiiee e 87
ps K (N o) 00 o U 87
5.2 RECOMMENIAIONS woccssnessssmmmnsssunsssnimuminsivns s somses i o st 90
TRCTBTOINEER . ccvssmirsan mwersicnassimors x5 i S A e A A R 96

vii



Nomenclature

¢ speed of sound, m/s
d duct diameter, m

f frequency, Hz

J J-1

n normal unit vector

p pressure, Pascal

St. Strouhal number

t time, second

Ty Lighthill’s Stress Tensor

u,v  velocity components, m/s
% impeller tip velocity, m/s
Z number of impeller blades
p air density, kg/m’

1 shear viscosity, kg/m.s

® vorticity, 1/s
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Chapter 1

Introduction

The interior acoustic comfort of automobiles has considerably developed over the
last two decades. Yet car manufacturers and system suppliers are looking for more
control of sound emission as the demand for the higher levels of driver and passenger’s
satisfaction is continually growing. The interior environment of automobile is
acoustically dominated by the following sources:

» External aerodynamic noise

» Road noise

» Engine noise

» Heating, ventilation, and air conditioning (HVAC) system noise

» Exhaust noise
Among the above sources, HVAC noise has been least investigated. Air temperature,
humidity and air quality of the HVAC systems have been improved, but it has not been

extensively studied from the air-borne noise aspect. As a matter of fact, HVAC systems



are no longer evaluated only by the airflow performance, but today sound quality is an
important criterion that should be considered.

An automotive air conditioning system is typically compact. The fan or blower
provides air movement and circulation. It is possible to change the flow air speed to make
an appropriate heat exchange balance at heating, cooling or evaporator section to create a
pleasant climate condition inside the car. The fact is the noise control and reduction of
automotive air conditioning systems is a difficult research topic. The main constraint is
the packaging space limitation which results in a highly complex flow field inside the
system, as shown in Figure 1.1. There is not enough length for flow to develop and
expand through plenums and ducts. The sudden changes in duct size and direction of the

airflow generate shedding vortices, separation, turbulence and unwanted flow circulation

CONTRACTED FLOW IN TRANSITION SEPARATED FLOW AT INLET
REGION CREATES HIGH FLOW NOISE OF EVAPORATOR CORE

EVAPORATORE CORE

VORTEX SHEDDING
FROM FREON PIPES

Figure 1.1: The region between evaporator core and plenum (left),

FAN

area between fan and evaporator core (right), Brungart ez al. (1992)



inside the fan and the air ducts. Therefore, this kind of flow field wastes fan power and
produces high sound pressure levels. Besides, due to the packaging constraint and
proximity of all the possible noise sources such as fan, evaporator core, flow ducts and
louvers, identification of dominant noise sources needs a systerriatic detailed
investigation. It will be demonstrated that noise generated by the HVAC system is
broadband; however, it should be remembered that air rush noise, which produced in the
range of 150-350 Hz, is very critical and greatly contributes to fatigue and excessive
discomfort for the driver and passengers.

Fan or blower is normally described as a device to move the air within a fluid
system. In automotive air conditioning systems, centrifugal fans push the air through the
ducts and the core section. The system’s resistance to flow results in an increase in
pressure from inlet to discharge. Against the centrifugal pumps and compressors,
centrifugal fans produce very small pressure rise; hence, the air can be considered
completely incompressible. As explained before, the fan rumble noise which occurs at
low frequencies is extremely bothering, as depicted in Figure 1.2. Many investigators
have tried to reduce the noise levels of the fans and most of them could find very
effective methods for some certain cases that will be reviewed in the next chapters.

During every design or optimization procedure for automotive HVAC system, the
challenge is to reduce the noise generated by fan, evaporator core, ducts, louvers or any
other part without any serious effects on the aerodynamic performance and

manufacturing cost. These two limits are now added to the packaging constraint. That is
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Figure 1.2: Sound pressure level spectrum for a typical fan;

solid line indicate the modified fan, Humbad et al. (1996)

why after many years from manufacturing of new generations of automobiles, engineers
still believe that design, redesign and improvement of air conditioning and ventilation
systems of automobiles is a demanding task. To the author’s knowledge, there is only one
comprehensive investigation conducted on determination of the HVAC system noise
sources, published by Brungart et al. (1992). This study, which was performed in an
anechoic room, contains schematics of intensity vector distribution around a complete
HVAC system. Flow visualization revealed the locations of highly turbulent flow which
is a source of noise. Based on the measured intensity vectors, it is concluded that the fan
is the dominant noise source. However, there is no information related to the spectra and
the levels of the noise propagating inside the automobile from the duct outlets, and how

these outgoing sound pressures could be related to the noise level of the fan. These



concerns are important because outgoing noise from the vents is the main noise that
driver and passengers bear.

The motivation for this study came from a long-term research project intending to
design and produce an excellent automobile in the country. Alleviation of interior air-
borne noise was one of the main branches of this project.

As stated before, any attempt in order to reduce or control the noise of the air
conditioning systems will not be successful unless the causes and locations of the major
sources are clarified. Therefore, the present study is concentrated on the phase of noise
sources characterization. Here, the total levels and spectra of the noise coming out of
each vent of the HVAC systems and centrifugal fan parts will be measured and discussed.

Following this introduction, a literature review of the flow-induced noise in
automotive air conditioning systems and fans is presented. Performance and aerodynamic
noise aspects of forward-curved fans will be discussed. Since, most of the previous works
have focused on the fan noise control; the automotive HVAC research background will
not be too long. Chapter 3 contains a detailed explanation about the experimental
apparatus and the method that used to measure and analyze the data. In chapter 4, results
of all tests for the complete front and rear HVAC systems and their fans alone for both
inlet and outlet sides will be presented and discussed. Thereafter, using the cancellation
of flow-noise effects by replacement of the fan with a speaker, attention is focused on
which sections are the main sources of noise. An in-car measurement was carried out to
realize how the measured data are related to noise levels in the cabin of the automobile.

These measurements also show the most critical locations inside the cabin. Chapter 5



includes a summary of the results of this study and some helpful recommendations for

further investigations.



Chapter 2
Literature Review

2.1 Introduction

This chapter is a review of literature on flow-induced noise applied to centrifugal
fans and automotive air conditioning systems. Section 2.2 discusses the fundamental
theory of flow-generated noise in general. In section 2.3, performance and aerodynamic
noise related to centrifugal fans are discussed. Previous investigations on automotive
HVAC systems are reviewed in section 2.4. Last section deals with some interesting

research works on HVAC fans using numerical methods.

2.2 Theory of Flow-Induced Sound

Historically, understanding of aeroacoustics was introduced by Lighthill (1952),
Curle (1955), and Ffowcs Williams and Hawkins (1969). Most of the recent progress on
blading noise has been based on their investigations. Lighthill’s acoustic analogy is based
on a comparison of the acoustic wave equation with the governing equation on the flow

field. Goldstein (1974) presented one of the best formats of the final equation as follow:



RV =—L 2.1)

where  p’=p—peadysiae =P—Po- The source term, which is called as Lighthill’s
turbulence stress tensor, is given by:

T =poviv; +8;[(p— po) —cap’l- Sy (2.2)
where S;; is the shear stress tensor of shear viscosity [L, bulk viscosity ¢, and fluid

velocity vector v;:

dy; 9y Y E

. ov;
S’J :u[ai+—vij+(o——%-u)8 avk (23)
J

Goldstein also showed that T7j; is approximately equal to pv;v; inside the flow and

approximately equal to zero outside this region. Therefore, the following approximation
to Lighthill’s stress tensor is ended up, neglecting the density fluctuations within the
moving fluid:

Tjj =poviv;j (2.4)
However, since the radiated sound energy is only a few percentage of the fluid flow

energy, Reynolds stress pv;v; can be determined without any knowledge of the sound

field. Hence, the right hand side of the equation 2.1 is a known sources term. One more

point about equation 2.1 is that it is basically similar to the governing wave equation on a
quadrupole acoustic field with a strength equal to 82T,-j /dy;dy j- Lighthill’s equation is a

consequence of the conservation of mass and momentum laws; or rearranged form of the

Navier-Stokes and continuity equations. Hence, in order to determine the sound field



characteristics, the complete nonlinear equation should be solved inside the acoustic
source region. This is a challenging job even for the case of a simple flow field. Today,
numerical methods have an important contribution in this regard. Curle later modified
Lighthill’s equation to include the effects of solid bodies.

In case of existence of solid boundaries, monopole, dipole and quadrupole can be
present at the same time, as well as the diffracting and reflecting sound waves. However,
based on the order of magnitude analysis, dipole sources are the only dominant ones.
Doak (1960) extended Curle’s work and showed that for a solid body in a low speed
flow, the noise sources are due to the distribution of surface stresses which consist of
shear stresses and surface pressure. The former is usually much smaller and can be
ignored. Ffowcs-Williams and Hawkins developed the boundary layer noise theory in the
presence of arbitrary moving surfaces for subsonic and supersonic speeds.

While Lighthill’s theory describes the sound intensity in terms of the statistical
characteristics of the turbulent source region, it is unable to detect the vortex dynamics
that is undoubtedly a major source of noise. In fact, Lighthill’s theory is not able to
answer which characteristics of the eddy motion are noise producing. Powell (1960 &
1964) examined the sound generation theories from this special viewpoint. His final
equation contained the term @x# which incorporates the noise due to the stretching of

vortex lines by an imposed velocity  :

3% 202 - pu’ 3p u? 2
F_COV p=V p(mXu)+V(T)—u§—7Vp+V(p—pco) (2.5)
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where @ is the vorticity vector that is equal to the curl of the velocity. Thereafter, Howe
(1975) derived a similar equation for convected sources in nonisentropic flows using the
equations of continuity, momentum and the first law of thermodynamics. Mueller (1979)
and Howe (1998) published two comprehensive texts on this subject. The former contains
analytical methods for modeling acoustic problems including vorticity and entropy

fluctuations as sources of sound.

2.3 Centrifugal Fans

A centrifugal fan or blower is the air-moving component in all automotive heating
and air conditioning systems. In operation, the fan or impeller is rotated by an electric
motor. The rotation of the fan’s blades imparts kinetic energy to the air in the form of a
velocity change, which produces airflow and pressure difference.

Figures 2.1 and 2.2 show the blower housing or scroll and impeller of an
automotive HVAC system fan. Based on the shape of the blades, centrifugal fans are
mainly divided into three categories, shown in Figure 2.3. The magnitude and direction of

the air at the blade tips are represented. The total velocity of the air leaving a blade tip

Vblade,total equals the air velocity relative to the blade tip Vblade rip Plus the tangential
velocity of the blade tip ‘7, :

Vilade, total = Vblade tip +Vi (2.6)
where ‘7, =rm, r and ® are radius of the blade tip and radial speed of the impeller,

respectively. The magnitude of ‘7, is equal to the volume flow rate divided by the total
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area of the flow paths between adjacent blades at the blade tips. In Figure 2.3, if the
magnitudes of Vt were the same, the flow rate and impeller size would be identical.

Three main groups of centrifugal fans are as follows:

DC Maotor

Immpeller

Figure 2.1: Components of a typical fan of an automotive HVAC system

SCROLL

INLEY CONt
DRIVE
SHAFT
-~

INLET —

B
=1

Figure 2.2: Schematic of main parts of a centrifugal fan, Blake (1986)
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A. Forward-Curved: This group is exteﬁsively used in various industrial applications. The

tip of the blades is curved in the direction of rotation. From figure 2.3, it is obvious that
for same total velocity, air leaves the impeller at a velocity greater than the impeller tip
speed; hence, forward-curved fans run at low speeds and have low efficiency. That is
why they require greater input power for the same flow rate and pressure. This kind of
fans is usually light and may have from 24 to 64 blades. Since, automotive blower fans

are usually of the forward-curved type, it will be discussed with more details.

‘7/;1 deti Vitade total
lade tip

STRAIGHT
SLADE - CURVED
BLADE

SIDE ELEVATION
RADIAL

‘7“ o vbladeJalul
adenp 3

SIDE ELEVATION END SECTIUN
BACKWARD — CURVED

; ;
Vb ladetip v blade 1o1al

1
‘
/ 1
VA - v
ey
SIDE ELEVATIGH END SECTION
FORWARD ~ CURVED

Figure 2.3: Schematic of radial, forward- and backward-curved fans, Jorgensen (1999)
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B. Backward-Curved: This class of fans is more efficient than the previous group. The tip

of the blade is curved away from the direction of rotation and run at higher speeds. They
contain 10 to 16 blades and are used for general heating, ventilating, and air-conditioning

systems, but automotive.

C. Straight Radial: This is the simplest type of centrifugal fans. They have low efficiency

and about 6 to 10 blades. They are used widely for high-pressure industrial applications.

2.3.1 Forward-Curved Fans: Performance

Forward-curved blades fans are the most common blowers in automotive HVAC
system industries. The impeller is located in blower scroll that guides the air streamline
and flow at an increasing radius of curvature to further increase the static pressure.
Typically, the total pressure rise is between 250 and 1000 Pascal, and the range of the
impeller tip speed is from 2000 to 4000 RPM. The flow in fan system is totally
considered incompressible as the Mach number never exceeds 0.15. Near the peak static
operation, forward-curved fan efficiencies range from 0.35 to 0.45, and decrease to zero
at no-pressure rise condition. The peak static point is also in the range of lowest noise
level, but at higher flow rates it could increase by up to 15 dB. Figure 2.4 shows a typical
performance curve for forward-curved fan.

AsA observed in Figure 2.2, two important parts of any centrifugal fan are
impeller and scroll. The impeller increase the kinetic energy of the air and the scroll, or

housing, directs the flow into, around, and out of the impeller and provide a smooth path
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Figure 2.4: Performance curve of a forward-curved fan, American Fan Co.

to discharge of the high-energy air. The inlet flow accelerates in two steps. First, when it
turns radially to enter the impeller blades, and the second time is when the moving blades
impose a tangential force. Obviously, as a result of this process, there should be a
reduction in static pressure, which could be determined by the Bernoulli equation. This
pressure variation reaches its maximum immediately after the cutoff area and gradually
reduces to a minimum on the discharge side of the cutoff. The spiral shape of the scroll
provides the required area for diffusion, although in the best case, only 50 to 60 percent
of the exit area is occupied. The exit flow from the blades has high-velocity jet
characteristics, as it can be seen in Figure 2.5. Since, the flow along the blade span and

the jet-wake region are highly separated, the potential flow solution has a drastic
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Figure 2.5: Streamlines in and around the blades, Kind and Tobin (1990)

discrepancy from the measured velocity. Therefore, any theoretical analysis of the flow

field inside the forward-curved fan is difficult.

2.3.2 Forward-Curved Fans: Aerodynamic Noise

The first investigation on centrifugal fan noise is the research work of Howes and
Real (1958). They used an in-duct method to measure the sound levels of a forward- and
backward-curved fans. Their results were not very useful because their measurements
were not in the typical rotor case, but totally in stall condition. Five years later, Huebner
(1963) published a paper indicating two mechanisms for fan noise. The first is the siren
tone resulting from the interaction of rotating and stationary parts of a centrifugal fan,

and the second is vortex noise. According to his measurements, he concluded that small
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height rotors generate sharp peaks in the spectra while larger height rotors do not show
any discrete frequency peaks. Probably, the first attempt to reduce the centrifugal fan
noise was made by Lyons and Platter (1962) and Embleton (1963). They found that the
location of cutoff has a significant role in reduction of noise at blade péss frequency.
Embleton also tried to decrease the noise level by making slots on the blades surfaces in
order to delay the flow separation, but it was not very effective. Chanaud (1965) studied
the fan noise using measurement of the sound level from an uncased forward-curved fan.
He ended up that the broadband aerodynamic sound from an uncased centrifugal fan can
be interpreted to be a result of radiation from randomly oriented dipole sources within the
flow. However, all of his results were not very helpful and accurate because of the
breakdown of the flow field around the impeller. Smith er al. (1974) studied the effect of
cutoff distance on both noise and performance. They reported a rise in efficiency and a
sudden reduction in pure tone noise as a result of increasing the cutoff distance. In 1975,
Mugridge developed equations to predict the noise generated by centrifugal fans. This
work was based on the noise generated due to inlet turbulence and separated boundary
layer. Krishnapa (1979) made measurements on a wide variety of mostly heavy industrial
centrifugal blowers. He found a strong dependency of noise levels on the mass-flow-
pressure characteristic, especially in the frequency band containing tones. Kind and
Tobin (1990) studied the performance and flow field of three squirrel-cage centrifugal
fans. This work was not directly related to noise measurement, but it revealed some
important characteristics of flow field which are important to characterize the noise

sources. They concluded for larger ratio of rotor exit to inlet area, the separation of inlet
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flow is more intensified. This phenomenon is an essential factor in producing complex
flow field containing nonuniform and reverse flows over much of the operating range.
Humbad et al. (1998) improved the sound quality of an automotive air conditioning
blower by modifying the cutoff and scroll geometries which reduced the blade passage
tone noise. This progress was gained without losing the airflow performance. They used
an anechoic room for the measurement of the sound pressure level.

Most of the published papers in 1980’s and early 1990’s on blading noise have
been related to axial fans because of their broad range of applications in aeronautical
industries. The fact is the basic mechanisms of flow-noise generation are the same for
both axial and centrifugal types. The first solution of the wave equation 2.1 was
developed by Ffowcs Williams and Hawkins (1969); however, the notation that Goldstein
(1974) used is easier to understand and allows studying different flow-noise sources with

presence of moving surfaces:

.. . Kd? [ K9 f
p(x,0)= [ }d (o) - [ [ : ]dA(O')
ox; axj velio)|. |C| ax, Alt) r|C|
[ 2 V.V,
—5@ f i ]a‘v(c)+ kd f [p° ’ ]}dv(o) 2.7
xj Ve (o)L r|C| ox; axl vel(to) r|C|

where K = 1/ 41tag , I 1is the vector between the locations of source and observer (i.e.;

F=X-Yy), C=1-(7/r)(V/c,) which is the Doppler factor, and f; represents the force
exerted by the boundaries on the fluid per unit area, f; =n;S;; —n;j(p—py); where n; is

unit vectors normal to the surface elements. For isentropic changes in the fluid, one may

assume p’=c2p’. The first term on the right hand side of equation (2.7) is similar to the
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Lighthill integral for an unbounded flow that corresponds to the noise generation due to
volume sources. This indicates a field of moving quadrupoles due to the applied
fluctuating shear stress. Ffowcs Williams and Hawkins have shown that interaction of
inlet flow with the flow around the blades of a fan could be a very godd example of
sound generation due to the fluctuating shearing stress. Later on, Morfey (1971) and
Goldstein et al. (1974) showed separately that quadrupole noise is important only when
the compressibility effects should be taken into account, especially when the speed of
blade reaches M =0.8. Hence, for small centrifugal blowers, this phenomenon is
negligible. The second term of equation 2.4 contains the effects of unsteady forces
applied by the solid surfaces on the flow. Since the unsteady forces can be simply
assumed as a series of moving dipoles, this term represents dipole noise. The third and
forth terms are related to blade thickness noise that contain the volume displacement
effects on the moving surfaces, and sometimes called monopole noise. Since, the blade
tip speed of small centrifugal fans is much less than the range of transonic velocities,
blade thickness noise cannot be considered as a crucial noise generating factor.
Therefore, from the theoretical viewpoint, monopole and quadrupole noise mechanisms
are not important for small blowers. This will be examined in chapter 4.

Unsteady blade forces are commonly discussed in centrifugal fans because the
flow field is spatially non-uniform due to the strong change of the flow velocity vector.
The best classification of this kind of force related to the fan noise generation
mechanisms has been published by Neise (1988). If the inlet flow velocity fluctuations

are periodic, the spectra of the noise generated by incident turbulence are discrete; and if
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random, the spectra are broadband. In the case when separated flows and turbulent
boundary layers exist, the noise will be generated due to the pressure fluctuations applied
to the blades. This mechanism will be intensified if it happens around the blade trailing
edge. Flow instability in the laminar boundary layer on the blade suction side could
produce disturbances which interact with blade trailing edge and generate sound waves.
This phenomenon is sometimes called vortex shedding noise or vorticity noise.

Shepherd and Lafontaine (1992) used Particle Image Velocimetry (PIV) to map
the instantaneous velocity distribution in a centrifugal fan scroll. Figure 2.6 shows the
vorticity contours in different blade angles. The thick solid line demonstrates the
instantaneous location of blade, near the cutoff, rotating anti-clockwise. The figure
clearly represents that the most important noise source is the interaction of the shedding
vortices from the blade with the cutoff. The dark areas around the blade tip are due to
vorticity shed from blade shear layer.

Another source of unsteady blade forces is rotating stall. It occurs as a result of
secondary flows which make the suction side of the blade relatively blocked. This
phenomenon, in turn, may generate low frequency pressure pulsation, noise and
vibrations.

Ishihara and George (1994) investigated the noise sources in a forward-curved
centrifugal fan using several flow visualization methods. Figure 2.7 demonstrates the
result of their oil flow method. Figure 2.7a shows the re-circulated flow through the
cutoff clearance and back in through the rotor. This is a major source of noise. In Figure

2.7b some inward flow under the impeller is observed. The re-circulating nature is still



Figure 2.6: Vorticity distribution at different blade angles,
Shepherd and Lafontaine (1992)
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Figure 2.7: (a&Db). Flow at inlet and opposite sides of the scroll;
(c). flow from scroll midway to the beginning of cutoff; (d). outlet flow,

Ishihara and George (1994)

clearly seen. Figure 2.7c does not show the flow streamlines around the cutoff, where
there is a thick dark line, because the flow is strongly turbulent. However, the re-
circulation can still be observed near the lower corner. Figure 2.7d depicts the flow

pattern at the fan outlet. The flows of the upper and lower parts of the scroll go up and
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down; respectively, with moderate slopes. This phenomenon results in a separation line
which is also affected by the weak separation in the corner of the scroll. In general, these
pictures indicate that the strong broadband noise sources would be expected from the
flow separation on the blades and from the high level of turbulence in the .re—circulating

flow at the blower inlet.

2.4 Automotive HVAC Systems

Noise investigation of automotive air conditioning system is one of the most
difficult research areas due to the highly complicated and turbulent flow field in the fan
and the evaporator core and the associated complex air ducts. There are just a few

published papers on automotive HVAC noise in which anechoic or reverberation room
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Figure 2.8: Intensity vectors, (a) HVAC system without ducts at 1000 Hz,
(b) the complete HVAC system at 500 Hz, Brungart et al. (1992)
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has been used as the measuring facilities. Brungart et al. (1992) used flow visualization
that was carried out underwater on an optically clear HVAC system, identical to a real
one, in a clear plexiglass tank. In order to determine the role of the fan noise in the whole
system, an acoustically isolated fan was used instead of the real fan. Figﬁre 2.8 shows
two samples of their results. All of their figures were in the form of intensity vectors
around the complete system, with and without the ducts. Based on the magnitudes of
these vectors in just two frequencies of 500 and 1000 Hz, they concluded that the fan is
the dominant source of noise. However, their vector demonstration for the whole system
such as those shown in Figure 2.8 can not be considered as an accurate analysis because
it does not give any detailed information related to the sound levels emanating from the
outlets of the ducts that driver and passengers hear inside the automobile. However, this
work is valuable because it reveals some important flow-noise coupling behaviors around
a typical automotive HVAC system.

Humbad and Thawani (1994) studied the source identification and resolution of
excessive air-rush noise in a climate control system. They made a series of bench tests in
an anechoic room to evaluate the effects of modifying the inlet duct, recirculation ducts
and blower cutoff. According to the measured sound pressure levels, they concluded that
air rush noise performance can be improved by modification of the cutoff design.
However, modification of the inlet and recirculation ducts showed just marginal effects
on noise reduction. It should be remembered that the final judgment of an automotive
HVAC acoustics is somewhat subjective and is dependent on the passengers. In order to

improve the sound quality of an automotive HVAC system, they used an anechoic
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room along with a far and a near field microphones. Figure 2.9 shows their setup. A
series of bench tests were performed to estimate the effects of modifying the inlet duct,
blower inlet and outlet. Figure 2.10 shows typical results for the baseline and modified
fans operating under maximum airflow conditions. It should be noted thét the vertical
axis of this graph is A-weighted sound pressure level and that is the reason the maximum
level is about 65 dB which has a typical amount of 80 dB in most of conventional
automotive HVAC systems. Again, this figure presents the noise propagating from the
complete system and does not provide any information on perceived noise at the outlet of

the system ducts.

2.5 Computational Methods

Today, computational fluid dynamics (CFD) is a powerful method to investigate
and analyze the noise sources through determination of physical properties and
streamlines within the flow field. However, it is still a new branch in flow-noise coupling
applications. There are a number of commercial softwares which are able to predict the
acoustic properties, yet it is not so accurate and reliable. That is why this area is currently
one of the hot spot in aeroacoustics. It should be mentioned that CFD is a tool to calculate
the pressure, velocity, density and temperature distributions. These data help to
understand where the flow-induced noise sources are. Shen et al. (1995) studied airflow
in air passages of a plenum to calculate pressure drop between a windshield base and a
blower inlet. Toksoy (1995) applied a computational process to a blower design

considering flow, noise, and structural integrity. Gronier and Gilotte (1996) simulated
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flow fields including individual blade geometry. Their results seemed to be accurate.
Werner and Frik (1995) made some modifications on air distribution within the HVAC
ducts. Lin et al. (1994) investigated the accuracy of a numerical method for prediction of
velocity and pressure distribution in an air conditioning duct and cdmpared with
experiment. Kondo and Aoki (1985) solved 2- and 3-dimensional flows in a simplified
HVAC system with an inlet and outlet ducts, including the evaporator. This work
included the effect of non-uniform flow distribution in the front of the evaporator. Ikuta
et al. (1989) simulated fluid and heat flow in a simplified heater unit and showed a good
comparison with flow visualization results. Cho and Kim (1997) analyzed and modified
the fluid flow in an HVAC system and compared with empirical results. Fischer (1995)
used CFD approach to optimize the shape of the blades and scroll of a centrifugal blower.
Since, the description of the procedure is outside the scope of the present study, only

some of their results are shown. Figure 2.11 demonstrates the distributions of pressure

P Rt e O i o oeris a0

Figure 2.11: Pressure and velocity Figure 2.12: Velocity distribution
distributions around the blades, in the blower scroll,

Fischer (1995) Fischer (1995)
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and velocity vectors in and around the impeller blades. The cyclic behavior of the
impeller was simulated quite well. Figure 2.12 shows the velocity distribution inside the
scroll. The flow field showed very good agreement with experiment, especially at the
cutoff area. Another exciting CFD research on centrifugal fans was carried out by
Humbad et al. (1996), shown in Figure 2.13. These pictures demonstrate the velocity
vectors in the whole scroll and near cutoff for both baseline and modified designs. The
baseline design obviously exhibits a recirculation and highly turbulent area past the cutoff
at the evaporator core. The extended cutoff helps to eliminate this recirculation, which is
obviously a noise source. Besides, the velocity distribution in the blade and cutoff areas
shows a reentry of air into the impeller, while in the new design, it is eliminated. These
results are consistent with flow visualization. Thompson ef al. (1992) solved the acoustic
wave equation using a finite element method and compared the results with experimental
observations. Figure 2.14 shows the source distribution around the cutoff region. The
vorticity shed from the blade tip is due to a dipole source distribution, as described
before. However, this source distribution has a dipole nature if the vorticity field
experiences rapid changes as the blade passes the cutoff area.

As expressed earlier, CFD modeling is a new method of study of aeroacoustic
characteristics of flow fields. It is still required to be compared with experimental data;
however, in the future, it will be a useful method to reduce the number of modification

tests.
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2.6 Research Objectives

The above review of literature on automotive HVAC systems and fans can be
summarized as follows:

1. Previous studies were mostly focused on fan noise characterization. This trend has
been resulted in highly efficient and relatively quiet fans which are currently used
in the automotive industry. However, there has been no investigation to clarify the
duct flow noise and its comparison with the fan noise.

2. Previous studies on automotive HVAC systems were concentrated on
measurement of total noise level of the whole system in an acoustic room. Hence,
these studies have not dealt with source identification of various components of
the system.

3. No research in the open literature has been found related to the effect of the noise
radiated from the fan inlet when HVAC system is working on the recirculation
mode.

Considering the above items, it is required to initiate a systematic experimental procedure
to characterize and identify the noise sources of automotive HVAC systems in order to
understand which elements in the system should be modified. Therefore, the main
objective of the present study is to develop an experimental approach which allows the
characterization and identification of noise sources in complex automotive HVAC

systems.



Chapter 3

Experimental Apparatus and
Measuring Technique

3.1 Introduction

The purpose of this study was to identify the noise characteristics and sources in
both front and rear climate control systems of a van automobile, shown in Figure 3.1 and
3.2, respectively. Each of the systems has the complete components of an actual HAVC
system that is used in the automobile, including blower or fan, evaporator core, plenum,
air distributive ducts and louvers. Both systems run by a 12-volt DC motor. The front
system is mounted under the vehicle dash panel, in a specific place in the engine
compartments. The location of the rear system is above the left rear wheel (driver side),
inside the cabin.

There are three recognized methods to measure the noise, each requiring different
measurement facilities; i.e., using an anechoic room, a reverberation room, and in-duct
sound level measurement. All of these approaches are appropriate and reliable if they are

applied properly. Since, at the time of this study, there was no access to any acoustic
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Figure 3.2: Rear HVAC system
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room, the third method, which is in-duct noise level measurement, was chosen.

3.2 Apparatus

In-duct sound level measurement is a popular method for certain categories of
applications. The test setup consists of a pipe with the noise source located at one of the
two ends, and one or more microphones are used to measure of the noise level inside the
duct. The procedure seems simple and straightforward; however, there are two important
points that should be considered:

1. For any open end pipe or duct, the inside propagating acoustic waves keep the
plane wave characteristics up to a certain frequency which is called cur-off
frequency. For the range of frequencies above the cut-off, the sound pressure
distribution at any cross section in the pipe is no longer constant and sound
propagation cannot be treated as plane waves.

2. Since the measuring pipe has a finite length, the sound wave propagating from the
source down the pipe or duct is reflected at the duct end. This phenomenon results
in axial standing waves. In this case, the sound pressure is dependent on the axial
location.

Cut-off frequency is a function of pipe diameter and cross-sectional shape, assuming the
sound speed is constant. Based on the maximum interested frequency, the diameter of
pipe can simply be chosen. For a circular cross sectional duct, cut-off frequency is

calculated by the following formula, Blevins (1995):
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0.586¢
d
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where ¢ is the speed of sound and d is the duct diameter. If one would like to get a cut-off
frequency 10 kHz, the diameter should be about 2 cm, and if the source has larger
dimensions, a transition duct is required to change the size of the cross section. In this
case, all the fluid mechanics and flow-acoustic coupling aspects should be taken into
account, such as boundary layer separation, turbulent flow and reflected sound effects. In
case of presence of temperature gradient, these effects will be intensified. Cummings
(1977) solved the wave equation for this special case and showed a very good agreement
with experimental results. In the present study, the diameter of the fans and vents outlet
are large; hence, in order to go to higher frequency, a transition duct with 7 deg included
angle has been used. Transitional pipes or ducts in which the total angle is less than 10
deg are categorized as narrow diffusers or nozzles, as expressed by Lier et al. (1999).
Roozen et al. (1998) also found in this case, area change of the duct has no influence on
the flow-acoustic properties and flow separation, even in a pulsating flow. The diameter
of the measuring duct is equal to 10 cm resulting in a cut-off frequency about 2020 Hz
that is very close to the blade passing frequency of the HAVC fans when operated at
maximum load. The experimental set-up is demonstrated in Figure 3.3.

In order to overcome the second problem, an anechoic termination is attached to
the end of the test duct to reduce the effect of the standing waves. A three-microphone
method is used to decompose the incident and reflected waves. The procedure will be

explained in details in section 3.3. The anechoic termination, which has been made in
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the machine shop of the department, is a two-sided slit duct in which the total angle is
about 2 deg. This provides a gradual and appropriate sound absorption inside the duct. A
highly absorbent type of glass fiber with a total thickness of about 5 cm was wrapped
around the duct. The reflection coefficient of this duct will be shown and discussed in

section 3.6.

3.3 Three-Microphone Method

The theory of the three-microphone method involves the decomposition of a
random signal generated by an acoustic source into its incident and reflected components
using transfer function relations between the acoustic pressure at three locations on the
wall duct as shown in Figure 3.4. Edge and Johnston (1990) presented one of the most
effective procedures of three-microphone method that is used in the current study. The
standing wave can be described by general equation, Davis (1988):

px)=p*e M4 pTe (32)
The bold letters denote complex variables. Assuming:

pt=cp+jey (3.3)

p =c3tjey
Sunbstituting into 3.2:

p(x) = (;le—jkx + jCZe_jkx +C3€jkx =t jC4€jk'x (34)
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The sum of the squares of the absolute errors between theoretical, p(x,), and
experimental, p,.,(x,), acoustic pressure for all of the three points should be minimum,

then:

E= Z p(x,)— pexp(xn)

(3.5)

w

ZI[P(X) pexp(x )][P(xn) ﬁexp(xpz)]

n=
The bar signs indicate complex conjugates. Since the minimum value of E is desirable, its
derivatives with respect to the real and imaginary parts of p* and p~ should be zero:

oE

—=0 sfori=1to4 (3.6)
ac,-

After algebraic manipulation and simplification:

S P( n) 3 aﬁ(xn)
> Re [ (x,) 3 } > Re|:pexp(xn) } 3.7)

n=1 Ci n=l1 aCi

where,
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9P _ - jex (3.8)
acl
d p(x) _ je—jk_r (3.9)
8c2
9P _  jkx (3.10)
aC3
IR gl (3.11)
aC4
Hence:
3 p) 4 =) 3 op
5 Re| 22Un) 5 (o QPG| 5 Rl gy () LER) (3.12)
n=1 aC, m=I aCm n=1 aCi

St Siz Sz Sia || a 1
= (3.13)
S31 S32 S33 Ssafcz| |13
Sa1 Sa2 Saz Sasca| |14
The left-hand coefficients are as follows:
S”:l
Sp2=1j
S13 = cos2kx + jsin2kx

S14 = —sin2kx + jcos2kx

Sa1==]
S22 =1

So3 = sin2kx — jcos2kx
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So4 = cos2kx

S31 =cos2kx — jsin2kx

S37 = sin2kx — jcos2kx

S33 =1

S34=J

S41 = —sin2kx — jcos2kx

S4p = cos2kx + jsin2kx

Sa3=-]J

Saq =1

The right-hand coefficients can be calculated as:
1] = Pexp (X)(coskx + jsinkx)

12 = Pexp (x)(— jcoskx + sinkx)

13 = Pexp (x)(coskx — jsinkx)

14 = Pexp (x)(— jcoskx — sinkx)

Note that in equation 3.13, the real parts of the above coefficients are used. These

coefficients are calculated in a loop for the desired range of frequency and in each of the

three locations of microphones. After all of these steps, the matrix can be solved to

determine the coefficients of ¢;. Now, everything is ready to find the values of pt and

p~ using equation 3.3; therefore, the reflection coefficient is given by:
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R=”—+e21’“ (3.14)

p
Based on this procedure, a computer program was produced in Matlab. The input file of
this program is the output file of the Labview program described in section 3.5. Using the
acoustic pressures at the three measuring points and their phase angles saved in the
Labview output file, the Matlab program decomposes the incident and reflected waves;
ie, p"and p~, respectively.

Since the result of any kind of microphone method is dependent on the locations
of the microphones, it is important to know where the best places are. Unfortunately,
when the numbers of the microphones are more than two, there is no general or specific
rule to find a good axial location for microphones. According to the author’s experience
during the course of this study, the critical case is when all of the three microphones are
located in the nodes. This condition makes the transfer functions undefined and the
results will include excessive errors. To avoid this, the results should always be checked
with the theory. If the error percentage is unacceptable, the microphones should be
relocated but one in a time, then check with theory. Normally, after a couple of time, the

appropriate locations can be found.

3.4 Microphones

Three 1/4" pressure microphones were used flush-mounted on the duct wall to

measure the sound levels. According to the calibration data and chart provided by

G.R.A.S. Sound & Vibration, their sensitivities are in the range of 1.5 to 4 mV/Pa, and
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their frequency responses are flat up to 10 kHz. They are calibrated by a pistonphone type

4220 for each test.

3.5 Data Acquisition

The microphones were connected to an amplifier, and the output signals were fed
into a National Indtruments PCI-4452 four-channel sixteen-bit sampling input board. A
four-channel LabVIEW program  was used to collect the data. For all of the
measurements, a Hanning window was used for spectral smoothing, 120 ensembles were
used in spectral averaging. To get a large bandwidth of frequency, the chosen sampling

rate was equal to 32,768 with a resolution of 1 Hz.

3.6 Verification of the Measuring Technique

The result obtained by the procedure explained in section 3.3 is dependent on
many factors, including the locations of the microphones, accuracy of measurement, data
acquisition technique and the structure of the written program to decompose the incident
and reflected waves. Thus, the experimental setup, data acquisition and analysis
technique needed to be verified. A good way to verify the method of two- or multi-
microphone is to compare its results with the theoretical predictions available. for an
unflanged open end pipe, Davis (1980). For this purpose, before doing any test on HVAC
systems using the test setup shown in Figure 3.3, a speaker was attached to the open end

of transition duct and the anechoic termination was replaced with an unflanged pipe.
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Figure 3.5: Comparison of calculated and theoretical reflection coefficients

for the setup with unflanged pipe

Then, a measurement was done for a random noise generated by an HP analyzer and
noise generator. The results of this measurement and theoretical prediction are depicted
in Figure 3.5. As it is observed, this procedure could model the duct acoustic field. It
should be noted that the theoretical approximation is good only for the wave numbers up
to 1.5/a, where a is duct radius. For the present case, this is equal to the frequency of
1650 Hz. It is clear that as the frequency becomes closer to cut-off, the error increases
which is due to the change of characteristics of the internal duct waves. The average error
is less than 1.7%, which is pretty close to the result of Peters (1993), 1.6%, wﬁich has
been obtained over a very short range of frequency using the two-microphone method.

Therefore, the setup of the microphones, data acquisition and analysis technique have
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been verified. Next step is to find the value of the refection coefficient of the complete
test setup; i.e., including the anechoic termination. To do this, the anechoic termination
was used and the tests were repeated. Figure 3.6 shows the result for this case. At low
frequencies, some instability is observed, but it diminishes above f = 100 Hz. Again,
large errors occur for frequencies close to cut-off. This figure shows that the average
pressure reflection coefficient for the present test setup is between 0.08 and 0.09, which
is very close to the result of Neise (1975) for a test setup containing an anechoic
termination. The only remained concern is while the interested range of frequency is
usually up to 10 kHz, how this setup can be useful as its cut-off frequency is about 2 kHz.

First of all, it should be mentioned that for the small forward-curved blowers and
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Figure 3.7: Measured sound pressure levels of microphone 1, 2 and 3

automotive air conditioning systems, the most critical frequency range is approximately
from zero to 2000 Hz, which is covered by the present setup. However, in order to
observe what happens after 2000 Hz, the data measured from each microphone are shown
in Figure 3.7 for the range of zero to 10 kHz. It is clear that all of the three curves are
pretty much close to each other, which is due to the effect of the anechoic termination.
Therefore, all of the graphs that will be demonstrated in the next chapter, for range of
frequency between zero and 2 kHz, three-microphone method has been employed, and
for 2 kHz to 10 kHz, the average of the data measured by the three microphones has been

used.



Chapter 4

Results and Discussion

4.1 Introduction

This chapter deals with the results of all the measurements for front and rear air
conditioning systems and their fan sections alone. The spectra of the sound levels of each
duct, in the standard and re-circulation modes will be shown and discussed. Then, with
cancellation of the effect of flow-noise, an effort is made to pinpoint the relative
importance of noise sources; i.e., fan noise and flow noise. In order to complete the

discussion, noise tests inside the car are then compared with the laboratory data.

4.2 Front HVAC System

To determine the sound levels of the front air conditioning system, each of its
three main ducts was separately connected to the inlet of the test apparatus. The tests

were done at maximum working load; i.e., 12 DC volts. Figures 4.1-4.3 show the results.
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Each curve is given by a four-character abbreviation. The first and last characters are
related to the ducts number 1 and 4 (left and right vents in Figure 3.1), respectively. The
two middle characters are assigned for the middle ducts, i.e. ducts number 2&3. Numbers
indicate which duct is attached for measurement and the letters “C” and “O” stand for
two possible cases of either closed or open for each duct outlet, respectively. For
example, “100C” means duct number 1 was attached to the test apparatus and being
tested, duct number 4 was closed and ducts number 2&3 were open during this
measurement. These figures show that the maximum sound level for each duct is
produced when all the outlets of the other ducts are closed, and vise versa. One can figure
out that this is due to the sound reflection from the closed vents. In fact, in both cases of
open and closed vents, there are some reflected waves. These graphs indicate that the
reflected waves generated at the passive termination of the open ducts are weaker than
the waves bouncing back off the closed end ducts.

In each graph, there are two peaks at low frequencies. Comparing Figures 4.1 to
4.3 with Figure 4.4 clarifies that the first one is affected by the background noise that has
a broad peak around f = 63 Hz. It is thought that the second peak demonstrates the air
rush noise that high turbulent and separated flows cause in the scroll and at the blower
discharge area. This will be explained in the section 4.4. Narrow band sound level spectra

are shown in Figure 4.5.
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Figure 4.3: Sound levels of duct no.4
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Figure 4.4: Background noise level
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Here, the peaks at the blade pass frequency (BPF) around f = 2000 Hz are
observed better than in the one-third<ns1:XMLFault xmlns:ns1="http://cxf.apache.org/bindings/xformat"><ns1:faultstring xmlns:ns1="http://cxf.apache.org/bindings/xformat">java.lang.OutOfMemoryError: Java heap space</ns1:faultstring></ns1:XMLFault>