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Abstract

In the wake of the rising global demand for more electric transportation, aerospace
electrification is becoming a highly active research area as commercial fully electric aircrafts are
becoming a reality. The transportation electrification industry is challenged to develop powerful,
safe, and compact-sized machines that can replace fossil fuel powered engines in aircrafts. Axial
Flux Permanent Magnets (AFPM) machines are currently being intensively developed as a great
candidate for this purpose due to their inherently higher power density compared to other machine
electric machines topologies. The efforts of further increasing AFPM machines power density add
more thermal challenges as intensive cooling is required at a relatively small machine package to
avoid machine failure. One of the most concerning failure modes in these machines is power output
reduction due to overheating of the rotor-mounted permanent magnets or even complete failure
due to irreversible demagnetization. This research discusses the design process of an integrated
rotor air cooling system for a 100 kW AFPM machine designed for an electric aircraft propulsion
system. The embedded cooling system allows the rotor to be self-cooled at a sufficient cooling rate
while minimizing the impact on machine efficiency due to windage power losses. The presented
design process includes several stages of cooling enhancement including the addition and fine-
tuning of rotor fan blades and rotor vents design. These enhancements are done by studying the
air flow over the rotor surfaces in conjunction with heat transfer through Conjugate Heat Transfer
(CHT) Computational Fluid Dynamics (CFD) analyses. In an initial study, different rotors with
different combinations of rotor cooling features are studied and their thermal performance is
compared. The results show that using rotor embedded fan blades in throughflow ventilated rotor
geometry offers the best performance balance, achieving sufficient rotor cooling rate within a
reasonable increase of windage power loss. A parametric study is performed to improve the rotor
blade geometry for a higher ratio of heat transfer to windage losses. Another study is performed
where the rotor and the enclosure geometries are fine-tuned simultaneously to reduce the negative
effect on rotor heat transfer imposed by the enclosure. The final geometry of the rotor enclosure
assembly is generated based on the research results and the design is integrated into the final
machine prototype to be tested.
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Chapter 1

Introduction



1

Introduction

1.1 Background and Motivation

Transportation electrification has recently become a necessity that is no longer overshadowed
by the highly developed fossil fuel powered transportation systems. Nowadays governments
are not just enforcing strict regulations on vehicle emissions but also aiming for the complete
ban of fossil fuel powered vehicles by the end of the decade [1][2]. Such regulations push the
manufacturers and the whole transportation industry towards electrification. The strong
influence of transportation electrification on the automotive industry, and the electrification
research in accordance, drives a rising movement to broaden the electrification initiative to
include, not just ground transportation, but also air and marine transportation as more

powerful and efficient electric drivetrains choices become available.

1.2 Aerospace Electrification

There is no doubt that aviation transportation is one of the biggest contributors to global
greenhouse gas (GHG) emissions contributing by 2.4% of the global CO2 emissions [3][4].
Aviation is the highest GHG emitting mode of transportation per passenger per traveled
distance among other modes as shown in Fig. 1-1 [5]. Hence, there is a growing global interest

in aerospace electrification.

Eurostar (high-speed rail)

6
Coach
Domestic Rail
Car (4 passengers)
Bus

Car (1 passenger)

Long haul flight 93

Domestic flight 133 121
m CO2 emissions Secondary effects from high altitude, non-CO2 emissions

Fig. 1-1 Comparison of normalised emissions per passenger per km travelled of different
modes of transportation [5]



Two main challenges are currently facing the electric aerospace industry. First, the relatively
low power density offered by current electric energy storage technologies, compared to jet
fuel as a mean of energy storage commonly used in nowadays aircrafts. Second, the
immaturity of current state-of-art electric propulsion systems to match the current standards
of air transportation [6]. While the all-electric long-haul commercial flights might still not be
achievable with current technologies, intense research allowed making grounds in the area of
electrified urban air mobility [7]. Electric vertical take-off and landing (eVTOL) aircrafts are
great candidates for urban air mobility and intercity air traveling with many successful
prototypes (shown in Fig. 1-2) being currently tested for commercialization by major

aerospace industry-leading companies [8][9].

Fig. 1-2 Joby four-passenger eVTOL prototype during a 150 miles test flight [9]

1.3 Axial Flux Permanent Magnets Machines for Aerospace Applications.
Axial flux permanent magnet (AFPM) machines are great candidates for eVTOL powertrain
given their high power density compared to other electric machine topologies [10]. The
inherently longer torque arm of the axial flux machine topology results in a very high torque
production in a relatively compact machine package size. However, the compact machine size
imposes challenges on the thermal stability of the machine as more intensive cooling is needed
within a limited space. Efforts are done to further increase AFPM machines power density

electromagnetically through the control of the electric current without changing the machine

3



size or geometry. This results in very high eddy current losses in both the stator and the rotor
that can trigger many of the failure points in the machine if not thermally managed.

High power density AFPM machines stators are usually cooled using dedicated liquid cooling
loops since the highest losses are usually concentrated in the stator [11]. On the other hand,
considerable heat losses are also generated in the rotor due to electrical as well as mechanical
losses. Rotor losses can lead to output power reduction due to magnets overheating or even
complete failure due to irreversible demagnetization if the magnets are not adequately cooled
[12]. Machine losses can be broken down as shown in Fig. 1-3. Efforts to increase AFPM
machine power density have resulted in exacerbating magnet overheating issues, especially
for an air-cooled rotor. This is due to the higher eddy-current losses in the magnets associated
with the higher flux generated by the stator at a limited rotor cooling capacity. Cooling the
rotor predominantly by air limits the cooling capacity since the cooling rate is dictated by the
rotor geometry and operating speed. Nevertheless, air cooling has the advantage of being a
simple and less power-consuming rotor cooling method compared to other methods such as
phase change and liquid cooling [13]. Moreover, the air cooling rate can be maximized at the
same operating conditions by improving the rotor geometry to enhance the airflow over the

rotor surfaces.

4 N

Machine losses

Electromagnetic losses Mechanical losses
{,7 ~ 7 — (7 — — —
Bearing Windage
Stator losses Rotor losses losses losses
- — — —— — i
Magnet
AC copper | Stator Iron eddy Rotor Iron
losses losses current losses
losses

PAN AN VAN J

Fig. 1-3 Breakdown of AFPM machine losses



1.3.1 Machine topology

The designed machine has a Single Stator Double Rotor (SSDR) AFPM topology as shown
in Fig. 1-4. The machine has a total of 16 poles. The stator and the two rotors are mounted on
a shaft at the center with two bearing couplings, one on each rotor. The stator is liquid-cooled
through a separate cooling loop fed through manifolds embedded in the motor housing
(casing). The motor housing also includes the air ports (Single inlet and multiple outlets) for
the proposed air cooling system. Two rotor covers are attached to the housing, one on each
side of the machine. The two rotor covers contain embedded inlet manifolds for each rotor,
while one of the covers also contains an enclosure for the resolver to be mounted. Accordingly,
the rotor opposing this cover is designed to have the resolver target mounted on it.

The machine is required to be stackable as shown in Fig. 1-5 (b). This means that two
machines can be stacked on top of each other coupled through a single shaft, hence, the access
to the machine cooling systems can only through its side. Additionally, the converter is
designed to be mounted to the side of the machine allowing it to be modular as shown in Fig.
1-5 (a). This adds more challenges to the air cooling system design as will be discussed later
in Chapter 5.

y e S — - |
)////Wf ? e,

= Q:\\\\\\\T\i
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=\

( //I[”},,,

Fig. 1-4 Preliminary SSDR AFPM machine design.



Fig. 1-5 (a) Representation of the full modular assembly of the machine and the inverter. (b)

Stacked motors assembly.

1.3.2 Machine operating conditions and rotor losses analysis

The rotor structure consists of a Halbach magnets array forming a total of 16 poles with a back

iron of a smaller thickness. The magnets are bonded to the back iron using magnet adhesive,

and both are bonded to an aluminum rotor carrier using the same adhesive. The adhesive bond

line is estimated to be of 0.05mm thickness. The rotor structure is mounted to the center shaft

with bearing coupling between each rotor and the stator. The rotor and the stator assembly

have a 1 mm air gap thickness. A schematic of the machine assembly is shown in Fig. 1-6 and

rotor materials and their properties are listed in Table 1.

Property Magnets Back Iron Rotor Carrier
Material NdFeB Cobalt steel Aluminum
Thermal conductivity
(W/m.K) 7.6 36.1 237
Density (kg/m®) 7580 8120 2702
Specific heat capacity
(I/kg.K) 460 440 903

Table 1 Rotor components materials and their properties.

Adhesive
Epoxy based

1.87
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Fig. 1-6 Schematic of AFPM rotor-stator assembly and losses involved.
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The machine is designed to have a continuous power output of 100 kW at a rotation speed of
6500 RPM. This operating point is chosen as the design point for the machine thermal design
Rotor losses due to eddy currents are estimated based on the continuous design point assuming
magnets temperature of 100 °C. Moreover, a safety factor (SF) is added for the
electromagnetic (EM) losses to account for uncertainties. A breakdown of the rotor losses is

shown in Table 2

Continuous power output 100.3 kW
Rotational speed 6500 RPM
Magnet eddy-current loss 593 W
Rotor iron loss 28 W
Rotor losses Rotor Bearing loss 537 W
Total (including 10% EM SF) 1220
Total per Rotor (including 10% EM SF) 610

Table 2 Rotor losses at continuous power output operation point



1.3.3 Rotor modes of failure and considerations

Rotor modes of failure can be classified into the following:

1. Thermal-electrical failure due to magnets overheating results in demagnetization and
power loss. For Neodymium magnets, magnetic flux reduces linearly as the temperature
increase as a result of reversible demagnetization. The drop becomes more significant past
the 120 °C reaching irreversible demagnetization limits at 150 °C as shown in Fig. 1-7
[14]. Accordingly, the magnetic torque also decreases with the increase of the temperature
proportionally. However, the nonlinear drop in torque starts at a lower temperature of 100
°C as shown in Fig. 1-8. Therefore, maximum magnets temperature of 100°C is set as a
design limit in this research.

15
+ Measurments
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Fig. 1-7 Effect of magnets temperature on flux density [14]

2. Thermal-structural failure due to epoxy adhesive failure due to its temperature
exceeding the glass transition limit. Past the glass transition temperature, the cured epoxy
tensile strength drops drastically which might cause magnets debonding from the
mounting surface and complete structural failure of the machine. The magnet adhesive is
selected to have a high glass transition temperature of 200°C according to the manufacturer
data.
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Fig. 1-8 Effect of magnets temperature on magnetic torque [14]

3. Mechanical-structural failure due to excessive stresses on the rotor carrier as a result of
the machine high rotational speed causing rotor deformation. The aluminum relatively low
tensile strength compared to other commonly used rotor materials (e.g., steel or titanium)
is compensated by increasing the rotor thickness where stresses are found to be high.
Despite such disadvantages of aluminum as a rotor carrier material, its superior thermal

conductivity makes it a better option from a thermal standpoint.

The machine is designed to operate in harsh ambient conditions. Two main factors are
considered to define these conditions, the ambient temperature (or inlet flow), and the
operation altitude. High air temperature and low air density due to elevation can significantly
deteriorate the machine cooling systems performance. Worst-case conditions for the rotor air
cooling system design are defined at 55°C ambient temperature or at sea level. Although the
machine is designed to operate at altitudes as high as 15000 ft significantly reducing the total
cooling air mass flow rate and cooling performance, it is found that the effect of higher
temperature is more critical to the rotor than the effect of elevation. Moreover, the
simultaneous occurrence of the two conditions is highly unlikely given the inherently low air

temperature at high altitudes (at 15000ft the ambient air temperature is nearly -15 ©).



1.4 Research Objectives

The aim of this research is to develop an integrated air cooling system for rotor cooling in an
AFPM machine. The cooling system is intended for a newly developed 100 kW motor
developed by Eaton corporation and McMaster University. The machine is targeted to be used
for aerospace applications, eVTOL propulsion drivetrain specifically. The required
continuous high power output for flight operation, as well as, the strict flight safety regulations
mandates having a reliable and efficient rotor cooling system to rule out the rotor as one of

the machine critical failure points. This is done through the following design stages:

1.4.1 Thermal analysis of AFPM machine rotor
The failure modes of the AFPM machines rotor, whether it is electromagnetic or structural,
are often related to thermal failures. In order to design an effective rotor cooling system, a
number of studies are done through this research to understand the thermal behavior in the
rotor and assess its performance at every design stage prior to prototyping. This is done with

the aid of computational fluid dynamics (CFD) simulations for fast and reliable results.

1.4.2 Improvement of rotor geometry for rotor air cooling enhancement
The inherently limited capacity of air cooling relative to the high heat losses generated in the
rotor during continuous operations requires adaption of its geometry to enhance the cooling.
Two design parameters are targeted through the enhancement of the rotor geometry: First, the
rotor pumping capacity (mass flowrate), and second, the convective heat transfer on its
surface. The two parameters control the cooling rate over the rotor surfaces, hence, the
temperature distribution and the maximum temperature of local hotspots. One drawback of
such enhancement is the increased windage losses due to increased drag and friction over the
rotor surfaces. Different geometrical features are tested and improved in this research. The
rotor geometries are judged based on their ability to achieve the best cooling performance at

the lowest possible windage losses.

1.4.3 Design and thermal modeling of the rotor — enclosure assembly
The requirement of the machine to be enclosed imposes a challenge to the air cooling design
of the rotor due to the increased pressure losses causing reduction of the total mass flow rate

and unevenness of the flow over the rotor surfaces. Few iterations are done for improvement
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and fine-tuning of the full rotor-enclosure assembly geometry within the allowable machine

package size.

1.5 Thesis Outline

Chapter 1: Introduction.

A brief discussion of the ongoing efforts in the field of aerospace electrification, and it being
the driving motivation behind this research. AFPM motor is discussed as a good candidate for
electric aircrafts drivetrain. Moreover, the steps followed in this research for designing a
reliable embedded air cooling system for an AFPM machine rotor are furnished.

Chapter 2: Rotor Air Cooling in Axial Flux Permanent Magnet Machine

A survey of the related research on the air flow in rotor-stator systems in general, and AFPM
machines in particular. The survey aims for understanding the flow and cooling mechanisms
in rotor-stator systems, also to set guidelines for the best initial rotor geometry in terms of
cooling based on the findings of other researchers.

Chapter 3: Computational Fluid Dynamics

Discussing the rotor air cooling thermal analysis problem from Computational Fluid
Dynamics (CFD) point of view. The setup of the different rotational models used for rotor
simulations are discussed in detail. The benefits of Conjugate Heat Transfer (CHT) CFD
simulations for rotor cooling simulations over analytical and conventional CFD analyses are
also argued.

Chapter 4: Integrated Rotor Air Cooling Improvement and Design Iterations

In this chapter, the process of designing an efficient rotor cooling system is discussed, starting
from the initial direction setting for the rotor cooling system to the final rotor-enclosure system
prototype design.

Chapter 5: Conclusion and future work.

A summary of the work done in this research and statement of the important outcomes and

future work and designs that can be researched for further improvements.
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2 Rotor Air Cooling in Axial Flux Permanent Magnet Machine

This chapter discusses the physics and the understandings behind rotor cooling in AFPM
machines. This is done by going through the literature and the studies done regarding this
topic. The thesis studies the design process and improvement of a rotor air cooling system for
an AFPM machine; accordingly, the flow over rotating bodies is of great interest, and it is
studied first to fully understand the associated flow patterns over the different rotor surfaces.
These flow patterns usually have a great effect on heat transfer. The next section discusses the
heat transfer over the rotor body while focusing on the different analytical and numerical
solutions for the heat transfer over the different surfaces of the rotor. For instance, the heat
transfer at the air gap was studied by many researchers due to the complexity of the flow as it
varies with the gap dimensions, rotor geometry, and operating conditions. The other surfaces
of the rotor including its internal rotating cavity, rotor back, vents, and blades also have to be
studied since the air flow exhibit different patterns over each surface, this affects the heat
transfer intensity over each surface which involves different solutions and heat transfer
correlations for these solutions. Finally, the last section is reviewing the different approaches

studied in literature to improve the rotor air cooling in AFPM machines.

2.1 Flow Over Rotating Disks
The rotor of an AFPM is usually designed as a flat disk with the permanent magnets mounted
on one side of it, therefore studying flow over rotating disks is of great importance to this
research. The rotor disk rotational motion induces a centrifugal flow around it known as
Bodewadt flow. Von Karman [15] investigated this type of flow by modeling the flow over
a rotating disk of an infinite radius, reducing Navier-Stokes equations to four coupled
nonlinear ordinary differential equations through different assumptions. The study
concluded that the fluid around the disk that is initially at rest is subjected to viscous stress
at the disk boundary as a result of the disk relative motion as it rotates at steady angular
velocity. The viscous forces drag the fluid at the disk boundary in a circular motion.
However, due to the absence of a pressure gradient in the radial inward direction, the
centrifugal force on the fluid makes it move in a spiral motion towards the disk periphery

rather than in a perfectly circular rotation. This results in a centrifugal fan-like action where
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the fluid is drawn axially towards the disk and flows outwards at its outer diameter. The axial
flow towards the disk surface ensures that the mass flow is conserved, and the vorticity is
confined in the boundary layer over the disk surface.

Rotating flow over a stationary disk was solved by Bddewadt [16] and found to have an
effect opposite to what happens in the case of the rotating disk. The fluid near the disk surface
flows radially towards the disk center.

The rotating flow behaves differently when confined between a rotating and a stationary
disk. Therefore, the case where the flow is confined between two disks with one of them
being stationary and the other is rotating at a specific rotational speed had to be studied
separately.

Batchelor [17] investigated this case by solving the differential equations for an asymmetric
flow between two coaxial disks of an infinite radius. According to his solution, a non-viscous
fluid core is formed between two separate boundary layers at each disk surface. The
boundary layers at the stator and the rotor can be either laminar or turbulent depending on
the rotor rotational speed and the resulting Reynolds number. The rotating core is balanced
by a radial pressure gradient that opposes the centrifugal force. These two forces keep the
rotating core at a nearly constant radial position at a given rotational speed. Stewarton [18]
solution opposed Batchelor solution showing that there is no core rotation and that the
tangential velocity can vary from zero at the stator boundary to a non-zero value near the
rotor surface. The contradicting solutions of Batchelor and Stewartson were mentioned in
many following studies that provided numerical and analytical solutions for Von Karman
similarity equations that supported either of the two solutions [19] [20], and other review
articles in literature related to flow over rotating disks where the different solutions were
reviewed and discussed [21] [22] [23] [24].

Mellor et.al [25] provided a solution for the similarity equations for infinite disks and
discussed the possibility of the two solutions at different Reynolds number values, with
Batchelor flow was associated with low Reynolds flow. They also suggested the possible
influence of the disk edge effect on the flow type in the case of a finite disk, where the
outward flow near the rotating disk edge is re-ingested in the boundary layer over the

stationary disk inducing core rotation. Brady and Durlofsky [26] studied the solution for
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disks with finite radius and found that the Batchelor flow type is associated with enclosed
rotor-stator assemblies, while Stewartson flow type can be found in open periphery
throughflow systems. Batchelor flow type was also noticed in throughflow systems at low
Reynolds number. Daily and Nece [27] studied the flow in an enclosed rotor-stator assembly
and classified the flow in the clearance between the two disks (or air gap) into four different
flows dependent on the rotational Reynolds number, and the ratio between the axial
clearance, s, and disk radius, R, usually referred to as air gap ratio (G=s/R). Experiments
were done using different air gap clearances at rotational Reynolds number ranging from 103
to 10°. The authors proposed four possible flow regimes and related their existence to
different combination of the gap axial clearance and the flow Reynolds number. The
mentioned flow regimes can be classified into first, turbulent and laminar flows of merged
or non-merged boundary layers. According to the figure below (Fig. 2-1), the following can
be observed:

1) laminar flow with merged boundary layers exists at low Reynolds number and small
gap clearances.

2) laminar flow with non-merged boundary layers exists at larger axial clearances. While
for a given axial clearance the laminar boundary layers can become unmerged at a higher
Reynolds number. For small gap clearances, the boundary layers will stay merged even
at a high Reynolds number before they transition into turbulent boundary layers.

3) merged turbulent boundary layers exist at high Reynolds number and small gap
clearances. At larger gap clearances, turbulent boundary layers may never become
merged.

4) non merged turbulent boundary layers can exist at any gap clearance if Reynolds number

is high enough.

It was also observed that a minimal radial outflow exists midplane across the gap and that
the average tangential velocity in the gap decreases as the gap clearance is increased at a

constant Reynolds number.
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Fig. 2-1 Four air gap flow regimes as defined by Daily and Nece [27] based on G and Rey,
from Owen and Rogers [28]

Poncet et. al [29] studied the turbulent flow in a rotor-stator system with and without a
through flow. The flow was studied experimentally and numerically at three different values
of Reynolds numbers and two different gap aspect ratios. The study concluded that the flow
remains of Batchelor type for closed systems as well as when a weak through flow is allowed.
The study also showed that increasing Reynolds number at a given through flow rate changes
from Stewartson type to Batchelor type. The results showed that both flow types can co-exist
at different disk radial locations and that the Stewartson flow tends to dominate the flow at
the smaller radii.

The transition from Batchelor to Stewartson flow was found mostly dependent on the
through-flow rate. Two correlations that relate the flow entrainment coefficient, K (the ratio
between the tangential velocity of the flow at the rotating core and the disk surface), and the
local flow rate coefficient, Cqr, were derived from the collected experimental data shown in
Fig. 2-2. Note that high K values denote the Batchelor flow type. the variable Cqr can be
expressed through the following equation, where Q is the volumetric flow rate:

Ca. = Qt Ree,rl/s (1)
&= e
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In a further study [30], Poncet et al. studied the transition of the flow from Batchelor to
Stewartson type under the influence of superimposed through flow, it was found that the
direction of the through-flow is determinant of the type of the flow. Superimposed centripetal
flow kept the flow of Batchelor type while it had faster core rotation than in case of closed
system Batchelor flow. Also, the transition from Batchelor to Stewartson was characterized

using Rossby number, Ro, considering the radial position in the gap according to Fig. 2-3.
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Fig. 2-3 Flow type characterization as a function of Rossby number, Ro. [30]
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2.2 Heat Transfer in Rotating Disks
Cobb and Saunders [31] derived correlations for the mean Nusselt number on a free rotor
based on experiments run on a heated rotating disk for both turbulent and laminar flows, with
the transition recorded at Rey ~ 2.4e5. For laminar flow over laminar flow over a free rotor,

the average mean Nusselt number can be calculated using this equation:

Nu = 0.36 Rep*® (2)

While for turbulent flow, the mean Nusselt number equation can be expressed as follows:

Nu = 0.015 Re°® (3)

Dorfman [32] argued the existence of a relation between the surface temperature distribution
over a free rotating disk and the convective heat transfer. Accordingly, for a temperature

profile of:

T(r) =Ty, +cr™ (4)

The heat transfer for a laminar flow can be expressed through the local Nusselt number Nur

equation given below for Re < 1.82 x 10°:

Nu, = 0.308 f(Pr)vn + 2 (Reg,)"5 (5)

While for turbulent flow (Pr = 0.72) for Re < 2.82 x 10°:

Nu, = 0.0197 (n + 2-6)0'2PTO'6(Ree,r)O'8 (6)

The correlations provided by Cobb and Saunders, and Dorfman are only applicable for a
heated free disk only, however, these correlations are not enough for representing the heat
transfer in an AFPM machine rotor given the small clearances around it. Owen and Rogers
[28] defined a limit for gap ratio over which the stator influence on the air gap flow can be

neglected and the rotor can be assumed as a free disk.
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This limit is a function of the rotational Reynolds number and can be calculated through the

following equation:

Gyim = 1.05 Re 02 0

This ratio is found to be higher than most of the clearances ratios around the rotor in our
machine, therefore, free disk heat transfer equations cannot be utilized and heat transfer in
rotor-stator systems has to be studied.

For fully enclosed shrouded rotor-stator systems, Owen and Rogers [28] analytically derived
four mean Nusselt Number correlations corresponding to each of the four flow regimes

discussed by Daily and Nece [27], and they are listed in order from regime | to IV as follows:

N_u — G—l (8)

m _ 1.85 G1/10R691/2 (9)
s

i = 20 oo ars (10)
s

7 = 2058 Cijtop, s (11)
A

Where the mean Nusselt number was related to the correlations presented in [27] for the
dimensionless moment coefficient on one side of the rotor, Cr, through the equation below:

Re C, (12)
I

Nu =

The correlations for Cr were driven for a range of Reynolds number between 10° to 107 and
gap ratios G =0.217, 0.115, 0.0637, 0.0255 and 0.0127. These ranges are applicable for the
Nu values based on it for a rotor surface of a temperature profile (T(r) = T,, + cr?) facing a
stator of constant temperature equals T,.

Soo [33] analytically studied the heat transfer for a laminar flow in a shrouded rotor-stator
system with an imposed inflow/outflow at the center at different pumping rates. The study
concluded that a net outward flow in the air gap is more beneficial for the rotor heat transfer
compared to inward flow.
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Kapinos [34] performed an experimental study for an unshrouded rotor-stator system with a
throughflow superimposed at the center. The studied flow corresponded to turbulent regime
IV from Daily and Nece’s study. The correlations below of the mean Nusselt number over the
rotor surface at the air gap for turbulent air flow (Pr=0.72) at different air gap ratios (G=0.016-

0.065) was driven based on the experiment results:

Nu = 0.0346 X,*3G%%°K, 7" Rey*® (13)

where, K, is a parameter calculated as a function of the imposed volumetric flow rate, and Xa
is the ratio between the inner and outer radii of the studied air gap.

Owen [35] further studied the rotor heat transfer with superimposed flow at the center of the
stator in an unshrouded system. A correlation for the local Nusselt nhumber was derived
analytically and the mean Nusselt values agreed with Kapinos experimental results at a high
Reynolds number. The study concluded that the superimposed flow has increased the system
heat transfer when compared to a free disk. While this increase is dependent on the imposed
mass flow rate, rotational speed, and air gap ratio. The study also suggests that the convective
heat transfer is found more dependent on the mass flow rate and less dependent on Reynolds
number values at low Reynolds number for G<0.06. this was found agreeing with the
experimental results from [35] and [36]. In another study [37], the dependency of heat transfer
on mass flow rate was related to the radial to rotational Reynolds number ratio, Rer. A flow
of Rer higher than 0.875 has the rotor heat transfer mostly dependent on the mass flow rate.
Where Re, can be expressed by the equation below:

Cw (14)

~ 2nGRe
And, Cy, is the non-dimensional mass flow rate expressed as:

Re,

_m (15)
UR
Boutarfa and Harmand [38] studied heat transfer in an isothermal, unshrouded rotor-stator

Cw

system experimentally. The studied setup had an opening in at the stator center allowing for
throughflow naturally pumped through the rotor movement without superimposing additional
air flow. The study is carried for at a range of rotational Reynolds number 5.87e4< Res<1.4€6,
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at G = 0.01, 0.02, 0.06 and 0.17. The study reported the correlations shown below for local
and mean Nusselt number for different combinations of Reyand G.

For laminar flow and G=0.01:

Nu = 7.46 Rey % (16)
when 0.02<G<0.06:
Nu = 0.5(1 4 5.47 x 10* e112G)Re, 0 (17)
when G>0.06:
Nu = 0.55(1 4 0.462 x 10~* e 136/3)Re, 05 (18)
in case of free disk:
Nu = 0.55 Reg”® (19)
For turbulent flow and G=0.01:
Nu = 0.044 Rep®"® (20)
when 0.02<G<0.06:
Nu = 0.033(12.57 e~33:18G) R, 3/5+256™/7 (21)
when G>0.06:
Nu = 0.0208(1 + 0.298 e~227G)Re, 8 (22)
in case of free disk:
(23)

Nu = 0.0208 Rep*®
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The results showed the throughflow allowed through the stator opening increased the Nusselt
number values on the rotor surface regardless of the Repand G values when compared to
closed systems. The study also showed that for G = 0.01 the Nusselt number over the rotor is
nearly constant across the air gap, agreeing with Owen and Rogers [28], with a higher mean
value compared to larger gap ratios at the same Reys. The author related the reduced mean
Nusselt number in higher gap ratios to the fact that they result in lower air flow rate and
Batchelor flow structure across the air gap. They explained that for G = 0.01, the flow in the
air gap is dominated by the viscous forces resulting in a Couette flow type filling the entire
gap, similar to regime I and 111 discussed by Daily and Nece [27]. This results in a higher rate
of heat transfer at the inner radii where the boundary layer thickness is relatively small. As
the flow progress to the gap periphery, the boundary layer thickness increase, and viscous
forces become more significant which deteriorates the heat transfer. Moreover, the air
temperature increase as it flows radially reaching temperatures close to that of the rotor
surface, which further deteriorates the heat transfer. Accordingly, the local heat transfer
coefficient decreases proportionally with the radius. The figure below (Fig. 2-4) shows the
effect of different gap ratios on the measured local heat transfer across the air gap at Res =
2.34e5. It is worth noting that the authors defined the laminar-turbulent transition region based
on the Rotational Reynolds number, Reg, between 1.76e5 and 3.52e5, these values agree with
the results from [39].
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Fig. 2-4 Local Nusselt number on the rotor for different G values at Rep = 2.34e5 [38].
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The figure below (Fig. 2-5) shows the mean Nusselt number at different Reynolds number
values and gap ratios, it is noticed that the heat transfer increases significantly as soon as the
flow reaches the transition region, also a trend can be seen where the heat transfer significantly
drops for gap ratios, G, between 0.01 and 0.06 regardless of the Reynolds number value.
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Fig. 2-5 Mean Nusselt number as a function of Rep, and G [38].

This research will be focusing on studying the thermal behavior of turbulent flows in small
air gap ratios (G<0.01) given the operating conditions and the electrical design of AFPM
machines which favors having a narrower air gap to maximize electromagnetic torque as a
result of higher inductance [40] [10]. Also, the enhanced heat transfer associated with G<0.01
as presented in [38].

Rasekh et al. [41] provided a comprehensive numerical study for the heat transfer in AFPM
machines. The study was carried out for an unshrouded rotor-stator assembly with an axial
opening in the rotor for throughflow ventilation. Moreover, the rotor had surface-mounted
magnets poles with annular air channels in between each pair acting as a centrifugal fan and
enhancing the system air flow, hence the heat transfer. Multiple parameters were varied in the

study and correlations for mean Nusselt number were derived accordingly. The correlations
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constants are optimized so that their results are independent of the system dimensions and
ambient temperature. The results showed that the magnets (rotor surface) heat transfer is
directly proportional with the air gap ratio, opposing the results from [28] and [38]. Perhaps
the difference in results is due to, first, the major difference between the studied rotor
geometries, second, the fact that the existence of annular air channels affects the flow field at
the air gap as they become the main air flow passage in the system according to the results
presented by Howey et al. [42] and Airoldi et. al [43].

2.3 Rotor Thermal Modeling in AFPM Machines

Despite the large body of literature concerning the heat transfer over rotating surfaces in rotor-
stator systems, few studies are found regarding rotor cooling in AFPM machines in particular,
compared to the subject of stator cooling which is found to be very well researched.
Alternatively, the average convective heat transfer coefficient is used in lumped parameter
thermal models for studying the machine thermal performance. Fawzal [44] reviewed
previous studies that used lumped parameter methods in studying AFPM machines and
concluded that, while they offer a fast way to estimate the machine overall thermal
performance, solely relying on this method can be of considerable drawbacks. The
shortcomings of the lumped thermal parameters are usually brought back to their inability to
account for the actual machine geometry, reducing it to few nodal points which neglects the
spatial variation in temperature due to variation in surface properties. Additionally, the
systematic inaccuracies due to the utilization of correlated values of contact resistances and
convective heat transfer coefficients that are usually based on unalike geometries and
operating conditions from previous studies. Although few studies reported high accuracy of
lumped parameter thermal models when compared to experimental results [45] [46] [47] [48],
the solution accuracy can be strongly affected in machines of highly complex surface features
when it comes to airflow modeling as suggested in [49].

2.3.1 Numerical thermal modeling
Numerical simulations overcome the discussed shortcomings of lumped parameters thermal
models as the exact geometry of the machine can be modeled and discretized into a finite

number of elements at which energy equation can be solved. This results in increased solution
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accuracy, besides the ability to capture the spatial variation of different thermal properties at
the surface as well as the core of the machine components. This allows machine designers to
address potential failure points due to local thermal hot spots as discussed in [50].

Many studies on numerical thermal modeling of AFPM machines can be found in literature.
The simpler type of numerical thermal simulations involving using Finite Element Analysis
(FEA) offers superior accuracy over the lumped parameter thermal models in terms of spatial
variation of thermal properties in the machine core. Nevertheless, some of the studies still
used the averaged flow properties for surface boundary conditions which compromises the
solution accuracy. In the study done by Wang et al. [50], although targeting detailed thermal
analysis of the rotor using FEA model, averaged heat transfer coefficients based on mean
Nusselt number correlation from [51] and [52]. The FEA model allowed for a more accurate
distribution of losses in the magnets accounting only for the effect of electromagnetic losses
density on the spatial temperature distribution. However, the effect of spatial variation of
thermal properties on the rotor surface was not captured.

A more complex and computationally demanding numerical analysis involves
computationally fluid dynamics (CFD). This type of numerical analysis captures the spatial
variation of surface properties through modeling of the fluid flow over the machine surfaces
and the influence of different features and operating conditions on it. This level of accuracy,
however, comes at a high computational cost due to the higher count and complexity of the
equations solved per each element in the finite element grid as will be discussed in the next
chapter.

Most of the CFD studies done on AFPM machines that are discussed in literature are focused
on thermal modeling of the stator. Airoldi et al. [53] [43] and Howey [54][55] studied the
effects of surface-mounted protruding magnets in through-flow ventilated machines with the
vents located on the stator side. They only presented correlations that predict the heat transfer
coefficient at the stator at different air gap ratios. However, both studies did not consider the
effects on rotor heat transfer. While Howey et al. relied on correlations from [38] to predict
the heat transfer on the rotor side. Fewer studies are found discussing the rotor side. The most
recognized studies done regarding the rotor cooling are those done by Rasekh et al. [41]
[56][57], and Fawzal et al. [58] [59][60]. Prior to these studies, Hey et al. [61] discussed using
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a hybrid method utilizing both lumped parameter analysis and FEA to predict the transient
thermal behavior in an AFPM machine. CFD simulations are also used to determine the
average heat transfer coefficient for the modeled enclosed machine geometry as correlations
from literature were found to be not directly applicable to the presented geometry in their
work. The heat transfer coefficients obtained from the CFD simulations are then used as
boundary conditions in the lumped parameter thermal network. The results of the hybrid
thermal model agreed well with the experimental data when validated and the maximum error
recorded was 3.4% at the end windings. On a further study [62], the model accuracy was
further improved by applying Monte Carlo optimization method, achieving 53% less
temperature deviation. Despite the high accuracy of the model, its efficiency compared to

exclusive CFD solutions can be argued in case of more complex geometry.

2.4 Approaches for Rotor Air Cooling Enhancement

Cooling the rotor predominantly by air limits the cooling capacity since the cooling rate is
dictated by the rotor geometry and operating speed. Nevertheless, air cooling has the
advantage of being a simple and less power-consuming rotor cooling method compared to
other methods such as phase change and liquid cooling [13]. The air cooling rate can be
maximized at the same operating conditions by improving the rotor geometry to enhance the
airflow over the rotor surfaces.

Many researchers have studied the airflow in AFPM machine rotating assembly and its effects
on heat transfer and cooling in general. The following sections discuss the main utilized

approaches for rotor cooling improvement found in literature.

2.4.1 Ventilated rotor
Rasekh et. al [56] studied the air flow in a discoidal rotor-stator system at a range of rotational
Reynolds number 2.5e10* < Re, <2.5e10°, and air gap ratios G=0.0067, 0.0133, and
0.02667. The study found that the presence of vents/holes in the rotor body allows for a net
radial outflow at the air gap. Hence, increasing the air gap heat transfer effect. However, the
study did not quantify or measure the claimed enhancement compared to a non-vented rotor.
Airoldi et. al [43] also argued the benefit of having air admitted through the rotating rotor boss

(hub) at the center on the stator heat transfer. However, the enhancement was also not
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quantified. Chong et al. [63] discussed the effect of rotor axial, as well as, radial holes in an
air cooled AFPM machine. The study showed a significant increase in the throughflow mass
flow rate by introducing the holes, which enhanced the stator cooling in result. Similar to

Airoldi et al. study, the effect of the holes rotor cooling was not assessed in this study.

2.4.2 Surface-mounted protruding magnets

The effect of surface-mounted protruding magnets on cooling heat transfer in AFPM machines
was investigated by Airoldi et al. [43]. The thickness of the surface-mounted magnets and the
rotational speed were varied in a validated CFD model. The study found that increasing the
height of the channels in between the magnets increased the pumping capacity of the rotor
and the resulting windage losses consequently (shown in Fig. 2-6). This effect resulted in
enhanced the heat transfer on the stator side. Howey et al. [54] conducted a similar
experimental study with two rotor configurations, one with surface protrusions and another
with a flat rotor surface (without protrusions). The study concluded that the average heat
transfer on the stator side was increased by 20%-30% at similar operating conditions.
Rasekh et al. [41] studied rotor protrusions in AFPM numerically. Unlike the geometries
presented in Airoldi et al. and Howey et al. work, the machine was throughflow ventilated
through annular openings (channels) in the rotor. The geometry of the magnets, gap ratio, and
rotational speed were varied in the study. The effect of each parameter on the heat transfer in
the stator and the rotor was studied. The results showed that the overall machine heat transfer
can improve substantially, especially on the magnets, by having both the rotor protrusions and
the rotor openings simultaneously featured in the design. It can be argued that rotor protrusions
are only effective in throughflow ventilated machines, hence, the author emphasized on the
equal importance of both features in the design for enhanced cooling.
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2.4.3 Rotor embedded radial fan
In the efforts to maximize the rotor cooling AFPM, Vansompel [64] suggested the addition of
fan blades to the back side of the rotor to enhance the rotor heat transfer and structural rigidity.
Fawzal et al. [58][59]studied the implementation of this concept. Three fan geometries
(backward curved, radial, and tear drop pillar blade) from other applications were
investigated. Each geometry was modeled separately as an embedded fan section in an AFPM
rotor. The performance of each fan design was judged based on the cooling capacity, pumping
capacity, pressure development, and windage losses. The study was done numerically using a
validated CFD model of the machine. Although the study showed an enhanced cooling
performance of bladed rotor design in general, this enhancement was not quantified. The
results, however, showed that the backward inclined had the best thermal performance among
other geometries since it provides high cooling capacity at low additional windage losses. The
radial blade, on the other hand, offered slightly better cooling capacity, but at high cost of
added windage losses. The authors introduced an index , Rotor Cooling Performance Index

(RCPI), for comparison of different designs based on their convective cooling capacity and
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windage losses. The index can be expressed using the equation below. Despite being helpful
for ranking of designs based two of the most important rotor design parameters, the index is
calculated at equal temperatures of the rotor across all designs, hence, inconsistent thermal
load. Accordingly, the index comparison might not be directly applicable when comparing
designs at constant thermal load.

On a further study, Fawzal et al. [60] studied the inlet and outlet arrangement for the rotor air
cooling system and its effect on the machine thermal performance. Three arrangements where
the locations and shape of inlet and outlet ports were varied. The first arrangement had a radial
inlet and radial outlet, the second design had a tangential inlet and tangential outlet, finally
the third design had an axial inlet and tangential outlet. The three designs were modeled and
simulated using CFD, where equal mass flow rates are prescribed at the inlet in all simulations.
The axial inlet-tangential outlet design was found to result in the lowest pressure losses and
significantly higher average heat transfer coefficient over the rotor at comparable windage

losses values compared to the other designs.
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Chapter 3

Computational Fluid Dynamics
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3 Computational Fluid Dynamics Modeling

The complexity of solution of the flow and heat transfer over rotating bodies usually mandates
equally complex approaches. The studies in literature shown in the previous chapter adopted
analytical, computational, and experimental approaches or even hybrid methods to reach a
simplified solution for the presented cases at an acceptable level of accuracy. Most of the
presented solutions are mainly concerned with the surface properties of the studied geometries
under certain conditions; Alternatively, internal thermal behavior of the rotating body is
usually assessed using Lumped Parameter (LP) thermal networks for a fast, yet less accurate
solution. Although this approach might be sufficient in certain cases, it might not capture the
full effect of local variations of the surface parameters on the internal thermals.

In AFPM machines, permanent magnets demagnetization and debonding due to adhesive

failure due to magnets overheating are highly two concerning risks when it comes to the rotor

design; Accordingly, assessment of the internal temperature distribution can be of great benefit
for the machine thermal management and determination of machine continuous operation load.

As discussed earlier, relying just on lumped parameter thermal networks and analytical

calculations might not yield an accurate estimation of the machine thermal behavior in some

cases due to the following reasons:

1. The permanent magnets on the machine rotor of an AFPM machine rotor are prone to
developing local hot spots due to different factors that will be discussed in the next chapter.
Local hot spots in the magnets might not be captured using a lumped thermal network that
leads to inaccurate estimation of the magnets operating temperature.

2. The correlations from literature often used to determine the boundary conditions for a
thermal network are highly dependent on other factors that vary from one machine design
to another such as (magnets arrangement, rotor geometry, air path routing, overall
measurements of the machine...etc.). Therefore, a detailed Computational Fluid Dynamics
(CFD) simulation of the flow for the designed machine considering its geometry and
operating conditions is necessary to accurately assess its thermal behavior.

3. Losses generated in the rotor are often represented by approximated constant temperature
or evenly distributed heat flux boundary conditions at the rotor surfaces in order to solve
for the averaged heat transfer coefficient values at these surfaces that are then plugged into

the LP thermal network. This reduces the accuracy of the solution of the rotor thermals.
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Conjugate Heat Transfer (CHT) CFD rotational model is used for this research to avoid the
inaccuracies and limitations imposed by using alternative approaches as discussed earlier.
CHT models can simultaneously simulate the fluid flow as well as the heat transfer in the
immersed solid domains. This approach eliminates the need for using LP thermal networks,
averaged surface properties, approximate boundary conditions. In combination with the ability
of the turbulence models to solve for mass flow and other surface flow properties in rotating
assemblies at a high level of accuracy [44], using CHT models to simulate thermal losses in
AFPM machines rotors can yield a highly accurate estimation of the machine thermals that

can greatly help in the design process of thermal management solutions for the machine.

3.1 Geometrical Setup
The setup of the geometry for the machine assembly shown in Ch. 2 requires having a
geometrical setup that allows for CHT rotational modeling of the rotor. The CHT model setup
demands full representation of the parts of the solid domain that affects the rotor assembly
heat transfer through either heating or cooling; Additionally, the fluid domain surrounding the
rotor to which the heat is transferred through the interfaces of the two domains.
As previously discussed in Ch.2, the major sources of thermal losses in the rotor ordered from

highest to lowest are:

1. Permanent magnets, due to eddy current losses.
2. Rotor Bearings, due to friction.
3. Stator, due to heat losses in the stator core. Heat is transferred from the stat

While minor heat losses can also occur in:
4. Back iron, due to eddy-current losses.
5. Rotor Carrier, in case of using a material of higher relative permeability where eddy

currents can be generated.

These four parts of the rotor assembly hence must be included in the simulated solid domain
so that the thermal losses in each are applied as a loss density (W/m?) directly to the

corresponding solid body in the simulation.
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3.1.1 Geometry Simplifications

The exact geometry of the simulated machine may include parts or features that serve a
purpose in the mechanical or the electrical design, but they may be irrelevant or have a
negligible effect on the thermal design; Including such elements may unnecessarily increase
the size and complexity of the modeled geometry. In efforts to maintain good quality,
robustness, accuracy, and computational cost of the CFD simulation, few simplifications have
to be made in the simulated solid and fluid domains geometries without compromising the
model accuracy.

As a general approach for computational domain size reduction, the smallest representative
angular periodic sector of the machine is utilized for base rotor geometry studies rather than
simulating the full 360° assembly of the machine which is highly computationally expensive
compared to the former approach. Nevertheless, modeling of the full assembly is used for
studying the non-axisymmetric cover geometries that might affect the rotor performance as

will be discussed later.

3.1.1.1 Solid domain simplifications
a. Rotor bearings
The rotor bearing is reduced into a simple surface at the rotor carrier inner diameter
resembling the interface between the bearing hub and the rotor carrier. This approximation

is justified based on the following reasons:

1. The rotor bearings are located in a semi-enclosed region where it is not directly cooled
by the main stream of the air over the rotor, however, the heat losses generated in the
bearing are cooled indirectly through both the stator and the rotor. Therefore, only the
resultant heat flux at the bearing interface with the rotor carrier can be considered.

2. The bearing thermals are not an area of interest in this research. Hence, only its effect on
the rotor thermal performance is assessed.

3. Heat is transferred from the bearings to the rotor carrier by conduction at a relatively
small interface area between the carrier and the bearing hub compared to the rotor surface
area.

This means that variations of the heat flux at the hub-carrier interface are expected to be

minimal and the losses can be assumed as a uniform heat flux over that interface area.
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The approximation of the bearing interface allows results in a simpler and smaller size of

both solid and fluid domains.

b. Magnets and back iron
The rotor solid domain is further simplified by reducing the Halbach magnet array into a single
solid body. This simplification is based on the assumption that the heat transfer within the
magnets poles is nearly two-dimensional, with negligible heat conduction in the

circumferential direction. This is due to the following reasons:

1. The potting material of a very low thermal conductivity (< 2 W/m.K) between the magnet
poles nearly prevents the heat transfer between the magnets poles.

2. The small width of the Halbach magnets segments combined with the relatively low
thermal conductivity of Neodymium magnets results in negligible circumferential
variation in the temperature within a single segment.

3. At a continuous operation of the machine, all the magnet segments will eventually reach
nearly equal steady state temperature distribution given the high rotational speed of the
machine with respect to the large thermal time constant of the magnets due to its low
conductivity. This means no heat transfer between two magnets parallel segments in the
circumferential direction is expected.

The same simplification approach is applied to the back iron segments considering the

comparable thermal conductivity of the back iron steel to that of Neodymium magnets.

c. Rotor carrier

The simplifications in the rotor carrier geometries discussed in this research are limited to
the elimination of some of the features that are mostly related to the structural design that are
rather irrelevant to the thermal design. Some of these features are:

1. Rotor bolts counterbores

Although protruding bolts heads near the rotor impeller eye can be of great concern to the
rotor thermal performance as discussed in [65], the bolt heads in the rotor carrier designs
presented in this thesis are designed to sit flush in counterbores in the rotor carrier body. This
design alleviates the potential blockage of the flow area at the impeller eye by the protruding
bolts heads. Accordingly, the rotor carriers are simplified into a solid body where the small
recesses between the bolts heads and their counterbores are neglected.
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2. Resolver target.

The resolver target is eliminated from the simulations in this research for simplification of
both the rotor carrier and cover geometry. This is given that the resolver placement is set to
have minimal interference with the main stream of the cooling air over the rotor.

3. Rotor enclosure.

The rotor enclosure is modeled as a simple wall for the simulations done for the initial phase
of the rotor design to set up its base design and dimensions. Finally, the enclosure design and
the rotor design are fine-tuned simultaneously for a more refined thermal performance as
will be discussed later in the results section. It is also worth mentioning that in all the
simulations the enclosure wall is modeled as an adiabatic wall. These boundary conditions
allow for modeling the air flow only on the rotor side of the enclosure wall, resulting in a
smaller size of the required fluid domain. Although the enclosure heat transfer can have a
significant influence on the rotor thermal performance [44], the relatively small temperature
difference between the ambient temperature outside and the bulk temperature of the air inside
the enclose combined with the low thermal conductivity of the plastic machine cover result
in negligible heat flux through the enclosure walls which justifies such assumption.

4. Stator core

The stator core is simplified as a stationary wall in the simulations due to the complexity of
its geometry. The designed machine has a liquid cooled stator; hence it does not rely on the
air on the rotor side for cooling the stator. The contribution of the air in stator cooling is
considered negligible in comparison to the liquid cooling system, therefore, approximate
representation of the stator air side is deemed sufficient for the rotor simulation. Moreover,

this approach was justified in previous studies discussed in literature. [57]

3.1.1.2 Fluid domain simplifications

The fluid domain simplifications are rather straightforward compared to the solid domain. The
simplifications process target is to minimize the fluid domain size as much as possible without
affecting the simulation accuracy or robustness.

Axisymmetric periodic computational domains were discussed in previous studies [41][42].
However, most of these studies were targeted towards studying the heat transfer the air gap
with; Accordingly, the studied computational domains sizes were limited to magnets side of
the rotor only. The computational domain geometry presented in the study done by Rasekh et
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al. [41] was modeled to solve for heat transfer coefficients for an uncovered rotor assembly.
Although the solid domain was not included in their study, the presented geometry is found
to have the closest representation required for the CHT modeling of the rotor given the
comparable assembly of the rotor. The fluid domain in the referenced study was modeled as
an axisymmetric pie-shaped periodic sector with atmospheric opening boundary conditions at
a distance equal to six times the rotor radius away from the nearest walls.
A similar approach with the computational domain is initially used, while modifications are
done later to improve the model convergence and reduce the fluid domain size as shown in
Fig. 3-1. Also, the solid domain is included to allow for CHT modeling of the rotor. The fluid
domain size is reduced by eliminating the part of the domain that does not influence the flow
due to the existence of the cover. The excluded part of the domain is replaced by opening
boundary conditions near the flow exit at the periphery to allow for air entrainment, whereas
on the inlet side it is replaced by slip walls at the extended inlet to keep the inlet far enough
from the real inlet at the cover. Additionally, the extents of the fluid domain are brought closer
to the rotor through multiple iterations to finally set the inlet at a distance of 1R from the rotor,
while the outlet is set at a distance of 3R from the external cover wall. Where R is the radius

of the simulated rotor.
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Fig. 3-1 General representation of the computational domain used for sectional periodic
simulations and the specified boundaries.
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3.1.2 Rotational Modeling Considerations
The rotational CFD modeling for the rotor requires multiple considerations when it comes to
setting up the computational domain geometry. Rotational modeling can also involve more
than one frame of reference; Accordingly, this influences the geometrical setup of the
computational domain so that it allows assigning different parts of the domain to its relevant
frame of reference whether it is rotating or stationary. The following are the two approaches

used for rotational modeling in this research and the associated geometrical considerations:

1. Single Rotating Reference Frame (SRF)

SRF approach for rotational modeling has a single rotating domain. The entire CFD domain
in this model rotates about a single axis defined in the stationary frame. Therefore, the defined
axis of rotation must be the same axis of symmetry for an axisymmetric rotor geometry.

The SRF models allow for the use of different domains boundaries including inlet and outlets
surfaces, periodic boundaries, and walls. However, some considerations must be maintained.
First, periodic boundaries of the flow must reflect the periodicity of the modeled geometry.
Second, the angles between the periodic boundaries must be evenly divisible into 360°. Lastly,
the stationary walls, inlets, and outlets boundaries must be axisymmetric surfaces of
revolution about the same axis as the rotating reference frame axis.

2. Multiple Frames of Reference (MFR)

The MFR models fluid domain with one domain rotating relative to another stationary domain
with each domain having a separate frame of reference. This approach inherently requires the
computational fluid domain to be split into two separate parts. The interface where the two
domains connect can affect the solution and convergence behavior. Accordingly, some
considerations must be maintained to ensure the correct setup of the fluid domains interface.
First, the interface between the two domains should be a surface of revolution. Secondly, all
the boundaries that are contained in the rotating domain must follow the same boundaries
consideration of SRF models. Lastly, non-conformal meshes at the interface has special
considerations, especially when used with periodic boundaries. This is mitigated by using a

conformal interface for better solution accuracy.[66]

The different approaches of rotational modeling for steady state and transient solutions will
be discussed in detail later in this chapter.
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3.2 Governing Equations
A CFD simulation is defined through the geometry of the simulated body, the domain of the
fluid affected by the body, the conditions of the fluid at its defined boundaries, and a set of
governing equations that are used to model the physics involved within the defined
computational domain. The computational domain is then discretized to infinitesimally small
elements or control volumes that allow solving the governing equations numerically through
a number of iterations.
The number and the form of the governing equations needed to solve for the flow in a CFD
simulation vary from one case to another depending on the selected physics to be analyzed,
the level of accuracy required for the analysis, and the available computational resources.
Accordingly, the number of governing equations that are solved can be reduced to reflect only
the physics desired to be captured. Moreover, the selected equations can be further simplified
based on reasonable assumptions about the flow behavior. This will eventually result in
reduced simulation time, less computational resources, and increased model robustness.
ANSYS CFX solver is used for the AFPM rotor simulations in this work. The governing
equations solved by the solver are best represented by the unsteady conservation forms of
Navier-Stokes equations. The equations are modified and simplified given the operating
conditions and the geometry of the domain through the solver Graphical User Interface GUI.
The summary of the equations and the simplifications made are presented below.

3.2.1 Navier-Stokes equations

3.2.1.1 Continuity equation
The continuity equation is the base equation for the representation of fluid motion ensuring
mass conservation. The continuity equation on a given control volume can be written as

follows:

9 L v (oU) =0
ot pu) =

(24)

Where U is the fluid velocity at any given point in the computational domain. In case of a
steady state, the transient term in the equation becomes 0p/ot = 0. Also, considering that the

flow is incompressible the equation is further reduced into:
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V.U =0 (25)

The representation of the continuity equation in the cartesian coordinate system hence

becomes:
dp d(pw) d(pv) N d(pw) 0 (26)
at 0x dy 0z
Similarly, for a steady state incompressible flow:
Ju Jdv Jdw (27)

ER 3y to5 = 0
3.2.1.2 Momentum equation
The momentum equations described in Navier-Stokes governing equations conserve the
momentum in a given control volume through balancing the pressure and shear forces acting
on it with the net momentum due to fluid acceleration. The conservation of momentum hence

can be written as follows:

d(pU
(gt)+V-(pU><U)=—Vp+V-T+SM (28)

For a cartesian coordinate system for a three-dimensional flow, the momentum equations

become:
a. X-momentum:
d(pu) +6(puu) +6(pvu) +0(qu) __op LT Ty Taz (29)
ot 0x dy 0z dx O0x 0dy 0z

b. y-momentum

d(pv)  B(puv) A(pvv) A(pvw) B Tyr Tyy | Ty (30)
ot TTox TToay T T aytatatatow
C. z-momentum
d(pw)  d(puw) d(pvw) d(pww) 0p | Tax | Tzy | Tzz (31)
=——+——+_—-+_—+S§
ot T Tax oy a2 9z T ox "oy "oz oM
) Y s
Accumulation Nonlinear Pressure Friction/ External
of momentum Advection gradient Viscous momentum
due to forces sources
acceleratio

n and shear
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Similarly, for a steady state incompressible flow:

a. X-momentum:

d(uu) Jd(vu) a(uw))_ 0P Txx Txy Txz
(ax + % +—5, _a_x+a_x+E+a_z+SM" (32)

b. y-momentum

d(uv) d(vv) a(vw))_ 0p  Tyx Tyy Ty
(ax Yoy T Toz )T oy T ox Ty T o T (33)
C. z-momentum
d(uw) Jd(vw) 6(WW)) 0D Ta | Tzy | Ty (34)
P (ot oy "oz )T e ax Tay Tar tome

3.2.1.2.1 Rotational forces in momentum equation
The effect of the flow rotation in the rotating frame in rotational models is accounted for in
the source term in the momentum equation. The rotational forces in a rotating flow are equal

to the total of the Coriolis force and centrifugal forces as per the following equations:

Su = Scoriotis + Scentrifugal (35)
where:
36
Scoriotis = —2pU X w (36)
SCentrifugal = —pw X (0 X7T) (37)

Where w is the angular velocity of the rotating frame, U is the relative rotating frame velocity

to the rotating frame of reference and r is the location vector.

3.2.1.3 Total energy equation

0(pE
(gt)+v-(pUH)=V-(AVT)+V-(U.T)+U-SM+SE (38)
Where E is the total energy, related the total enthalpy (H) and pressure by:
1
E=e+-U2=H-" (39)

2 p
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While

1
H=h+5U? (40)

Where h is the static enthalpy. The term V - (U. ) represent the viscous work, and the term
U - Sy, represent the work done by external momentum sources.
By subtracting the mechanical energy (U - Mom eq.) from the total energy equation, this

yields the thermal energy equation:

d(ph) 0
(;t)_a_lz+v.(puh)=V-(/lVT)+U-Vp+r:VU+SE (41)
For a flow of low Mach number with a negligible effect of pressure on thermal energy:
d(ph
%+V-(pUh)=V-(AVT)+I:VU+SE (42)
Accumulation Advection Thermal  Thermal  Thermal energy
of thermal of thermal diffusion  energy  from external
energy energy generation sources
due to shear
stresses

By assuming constant gas properties, the thermal energy equation is:

PC<Z_:+V'(UT)>=V'(AVT)+T:VU+SE (43)

The same equations are used for the rotating frame in a rotational model, however, Rothalpy,

I, is used in the advection and the transient terms of the equation instead of Enthalpy, H,
where:

1,1 (44)
— 112 __,\2p2
I—h+2U 2a)R

3.2.1.4 Conjugate heat transfer (CHT) energy equation
The thermal energy equation can be set for a solid domain similar in order to solve for the
heat transport within these domains due to conduction and the existence of volumetric heat
sources. The form of thermal energy that is applied to the solid domain can be written as
follows:
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a((,fth)zv-(cw)HE (45)

3.2.2 Equations of State
The equations of state are used in the model to relate the pressure p, volume V, and
temperature T in a continuum through thermodynamic relations to predict its thermodynamic

state and properties. A general form of the equations of state can be written as follows:

p=p®T); C,=C, T (46)

dh = | dT+ah| do=c ar + 22| 4 (47)
- ar |, P =TT |, P

For most of the simulations in this work, air is assumed as a non-compressible fluid of constant
properties at ambient conditions. The results are found to be nearly independent of the
variations in air properties at the simulated operating conditions. This assumption was
justified by other researchers in previous studies [57].

Accordingly, the equation of state is reduced to the following form:

p= plTambient ) CP = CPlTambient (48)
Pambient Pambient

3.3 Turbulence Modelling

Turbulence is a phenomenon often related to air flow as soon as the flow hit an obstruction,
or the velocity exceeds a certain limit (Re>2300) where inertia forces dominate the flow and
the damping effect of viscous forces between its layers fails to even out shear-generated
instabilities in the velocity field resulting in the formation of eddies of different scales that
causes further random fluctuations of the flow velocity and pressure. Due to the low viscosity
of air, turbulent flows at relatively low speeds. In this work, the high rotational speed of the
machine induces high air flow speeds over the rotor which makes the flow dominantly
turbulent over its surfaces. Modeling of the turbulent air flow is therefore of great importance
for this research given its high influence on rotor cooling as will be discussed in the next
chapter.

Turbulence can be directly modeled through Navier-Stokes equations applied on extremely

fine mesh elements in a Direct Numerical Simulation (DNS). However, this approach is
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substantially expensive when it comes to the simulation computational cost, even for simple
geometries with relatively low-speed turbulent flows as it resolves eddies of all scales.
Alternatively, Reynolds Averaged Navier Stokes RANS statistical modeling approach is used.
RANS equations ignore the small-scale eddies through time averaging of the Navies-Stokes
equations, where a variable in the equations is divided into a mean value and a fluctuating,

time-varying component. This can be represented through the velocity component u; as

follows:
Ui = Ul + U\.l (49)
Where the averaged component U, is calculated as follows:
_ 1 At
U,=—| vat (50)
At J,

Where At is the time scale that is small enough to resolve the changes in the mean value, but
still larger than the time scale needed to resolve the eddies-generated fluctuations.

By substituting in continuity equation while assuming incompressible flow:
V-0 +) =0 (51)

Hence, the turbulence kinetic energy can be represented as follows:

1
K =2 (@) + ()2 + @)?) 2

Where only the velocity fluctuations are accounted for as they are originally generated through
turbulence. Additionally, a Reynolds averaged momentum equation can be rewritten as

follows:
a(pUy)  9(pU;U;) dp 0 _ (53)
ot | ox ox; | o, (Tu-PT) F Su

While the Reynolds averaged energy equation is rewritten as follows:

dpH Op aT

i __J9 )+ _— (54)
at ot + 0x; (pUiH) = dx; </1 dx; pujh> + dx; [Ui(Tij—PuluJ)] + Sk
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By comparing at the two Reynolds averaged equations above, they show that the RANS
approach did not change the original form of Navier-Stokes equations. However, turbulent (or

Reynolds) stress term (pu,u,) is added to include the change momentum flux due to turbulent
fluctuations. Similarly, turbulent heat flux term (pﬂ) is added to the diffusion term in the

energy equation to reflect the change in the diffusion rate as a result of the introduction of
additional convective transport due to turbulence fluctuations. Although these terms do not
represent an actual stress or flux, it mathematically represents the approximate effect of
turbulence on the flow behavior in the governing equations for modeling purposes.

The RANS approach is used by different turbulence models. These turbulence models
introduce different formulas and approaches for the computation of unknown turbulence
stresses and turbulence fluxes, and they can be classified into:

1. Eddy viscosity models
2. Reynolds stress models

Eddy viscosity models assume continuous generation and dissipation of small eddies which
influence the turbulence stresses and flux. A proportional relationship between the turbulence
stresses and the mean velocity gradient is assumed and new equations are introduced to solve
for the unknown stresses and fluxes in RANS equations. On the other hand, Reynolds stress
models solve additional transport equations for all the components of the Reynolds stress
tensor making it more suitable for complex flows. However, studies showed it has comparable
accuracy to other two-equation eddy viscosity models [67].

Two the widely used two-equations Eddy viscosity models are the k-epsilon (k-g) and k-
omega (k-m). The two models introduce a set of equations that are complex enough to
accurately model turbulent flow, compared to the one and zero-equation eddy viscosity
models. The k- is widely argued to have superior accuracy for modeling adverse pressure
driven low-Reynolds near wall flow. On the other hand, k-¢ model is known for its robustness
and high accuracy modeling of the free stream turbulence, however, it requires excessive near
wall resolution of y*<0.2 for low-Reynolds flows compared to k-w model, where y*<2 is
found to be sufficient for most of the cases.

SST k-o is a two-equation turbulence model presented by Menter [68] based on Baseline

(BSL) k-o model. however, it excels by properly modeling the turbulence shear stress
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transport, hence avoiding the overprediction of the eddy viscosity prediction thanks to adding
a limiter to the eddy-viscosity formula.

The advantage of the SST model stem from its ability to simultaneously use the k- and k- ®
turbulence models within one domain making advantage of the superiority of each model at
different flow regions over the other.

The SST k- turbulence model is used for all the simulations in this work. The turbulence
model selection is based on previous studies. It was found that the results were nearly
independent of the turbulence model (as shown in Fig. 3-2), especially at high speeds where
the flow is fully turbulent in previous studies [59]. Additionally, Shear Stress Transport (SST)
k-o turbulence model provided a good agreement with the experimental results and lower

computational time and cost. [42]
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Fig. 3-2 Comparison of the different turbulence models and experimental data estimated
rotor mass flow rate as presented by Fawzal et. al [59].
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3.4 Rotational Modeling

Rotational modeling in CFD allows solving for the flow field over rotating assemblies. Unlike,
conventional CFD models where the fluid is given a velocity component at a boundary to
influence the fluid motion. One of the great advantages of the rotational models is their ability
to solve for often unknown mass flow rate pumped through the system rotation, accordingly,
a predefined velocity field or mass flow rate at the boundaries is not needed to drive the flow,
unlike the non-rotational models.

Introducing a rotational component in the rotating frame adds the source of momentum to the
momentum equation as mentioned earlier in section 3.2.1. Additionally, the velocity in the
rotating frame of reference is calculated according to the equation below:

Uret = Ustn —w X R (55)

where Uy, is the velocity of the flow in the stationary frame of reference, and R is the radius
vector.

The new definition of the velocity in the rotating frame is introduced in the governing
equations, and new forms of the equations are defined accordingly. One significant change is
in the energy equations where rothalpy, I, replaces the total enthalpy term in the advection

and transient terms. Rothalpy can be defined as follows:

1 56
I=hstat"'E(Urel'Urel_(wXR'wXR)) ( )

One of the limitations in two-equation eddy viscosity models is their insensitivity to system
rotational effects on turbulence. However, Spalart and Shur [69] introduced an empirical

function to generate a multiplier, f;., for the turbulence energy production term, P, expressed

as follows:
Py = e S? ®7)
where S is the strain rate magnitude expressed through this term:
and S;; is the strain rate tensor
o _1(oU; N aU; 5
b 2 ax] axi (5 )
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The production multiplier, f,., is expressed in ANSYS CFX through this equation:

*

4r P
frotation = m [1—tan™"(27)] -1

where r*, and 7 are calculated through the strain rate tensor, S

(60)

ij» and the vorticity tensor, £,
that accounts for the flow rotation in the stress tensor in the momentum equation.

These modifications to the eddy viscosity turbulence model -often referred to as curvature
correction- is automatically applied to the SST model in ANSYS CFX allowing it to model
rotational flows in rotating systems at sufficient accuracy levels as shown in the results from
Fawzal et. al [58] study in the figure above. In this work, default settings for the scaling
coefficients for the curvature correction are used.

The two rotational modeling approaches used in this research will be discussed in the next

section.

3.4.1 Single Rotating Reference Frame (SRF) modeling

This approach models the fluid domain as a single zone. Rotational modeling equations
presented in the previous section are solved for all the elements in the fluid domain. Rotating
walls can be modeled with the fluid zone and their effects on the flow field are accurately
captured. Stationary walls, however, are limited to the boundaries that are modeled as surfaces
of revolution. Hence, the simulations where such an approach is applicable are limited to the
simulation of rotor assemblies with simple or no shrouds/volutes.

Despite the SRF approach limitations, it can be of great advantage for fast and robust steady
state solutions of rotational flows. SRF models are used in this work for the initial assessment
of different rotor configurations and fan blade geometries. Although these initial simulations
do not reflect the effect of the full machine assembly on the cooling air flow, they helped set
the base geometry of the rotor structure. Such a process can be time-consuming using other
computationally expensive approaches.

The SRF models in this work used a revised version of the fluid domain geometry presented
in [41]. Instead of having the fluid domain split at the air gap to have a stationary and a rotating
domain with two frames of reference, the air is modeled as a single domain with the
stator/cover walls given a counterrotating velocity component to mimic their stationary nature

in the rotating frame of reference.
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3.4.2 Multiple Frames of Reference (MFR) modeling

The MFR approach models the fluid domain as split cell zones, each cell zone is then related
to a frame of reference so that a relative motion between the two frames is allowed. For rotor-
stator applications, one frame is set to rotate relative to the other. This allows having the cell
zones near the stator components related to the stationary frame of reference, On the other
hand, the cell zones surrounding the rotor are assigned to the rotating frame of reference.
The advantage of this approach is that it allows for modeling the more complex structures of
the full machine assembly rather than just modeling the rotor. This comes at a cost of increased
size and complexities in the computational domain geometry.

Two sub-models were used in this work for modeling the thermal performance of the rotor

assembly, the two models are:

3.4.2.1 Frozen Rotor (FR) models

Frozen rotor models capture an instantaneous solution of the fluid flow; The instant captured
is defined by the position of the moving mesh relative to the stationary mesh.

The solution captured by this model is considered a steady state solution whenever the
transient effects due to flow unsteadiness are nonexistent or can be neglected.

FR models are found to accurately capture the flow properties at the steady state, however,
they failed to capture the necessary surface-level transient effects required to accurately model
the heat transfer in CHT model. since the rotor position is frozen by definition in this model.,
hence, the rotational effect of the solids with respect to the fluid is not considered. The
circumferentially uneven instantaneous local heat transfer on the rotor surface then results in
circumferentially uneven temperature distribution and local hot spots are formed as shown
Fig. 3-3. This solution is judged unrealistic given the significantly larger solid timescale of
the rotor compared to the fluid flow timescale as shown in Table 3. Where, L, is the

characteristic length, and a, is the thermal diffusivity.

Domain Fluid domain Solid domain
2
Timescale Equation 1 L_
w a
Min. Timescale 1.469¢ — 3 [s] 7.572 [s]
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Time per one degree of rotation =

60 [s]
6500 [rpm] x 360[deg]

General simulation
timestep

= 2.564e — 5 [s]
Table 3 Calculation of the different simulation timescales.

Temperature
Surface Temperature

g 14 /
112.4

L 110.7

- 109.1

- 107.4

- 105.7

- 104.0
1023
- 100.7
- 99.0
- 97.3
95.6
93.9
92.3

(C]

Fig. 3-3 uneven spatial temperature distribution in the solid domain in CHT simulation as a
result of computational domains timescales inconsistency.

3.4.2.2 Transient Rotor Stator (TRS) models

Transient rotor-stator models use a different modeling approach than the FR models, where
the two domains are allowed to rotate relative to each other and the solution is captured at
every time step. This approach is used to capture the unsteadiness in the flow over the rotor
and its effect on the heat transfer. Furthermore, the TRS model allows to solve at different
timescales, this allows tackling the error due to the different timescales of the fluid and solid
domains seen earlier with the FR model. It is worth mentioning that the steady state solution
acquired using both TRS and FR models is found to be nearly equal which indicates minimal
unsteadiness in the flow field.

The approach followed to control the solution timescale issue is composed of three steps:



1. Running a simulation using TRS using a small timestep - 1 degree of rotation — relevant
to the fluid domain timescale to obtain fluid flow solution convergence. It is worth
mentioning that using this timestep to obtain a converged solution for the solid domain
would require an unreasonable number of iterations. The experimental results discussed
by Hey et. al [62] for a transient study of the rotor thermal behavior showed that the time
constant for the rotor to reach thermal equilibrium was approximately 90 seconds. This
means that more than 3.5 million iterations are needed to reach thermal equilibrium,
assuming using the same rotor geometry and materials. Hence, a timescale manipulation
is used as will be discussed in the next step.

2. A second simulation is run using a much bigger timestep, relevant to the solid timescale
while using the previous simulation results as initial conditions. The updated timestep is
chosen so that the rotor rotates 8 full revolutions plus 5 degrees of rotation each time step.
This approach mimics a 5-degree rotation of the rotor every timestep, which allows faster
convergence of the solution in the solid domain while retaining reasonable stability of the
fluid flow solution ensuring that it does not diverge. A converged solution of the
temperature distribution in the solid domain is reached within a reasonable number of
timesteps (<2000 iterations). Nevertheless, the excessively large timestep compromised
the fluid flow solution accuracy, and oscillations in the flow properties and solution
residuals are noticed.

3. Finally, a third simulation is run using the second simulation results as initial conditions,
while using the initial small timestep once again. This reverses the unsteadiness in the
fluid flow domain solution caused by using an excessively large timestep in the second
step without changing the solid domain solution. The results from this simulation are then

considered a fully converged solution.

It is worth noting that this approach is not followed for the steady state SRF simulations, since
an axisymmetric rotor casing geometry with circumferentially uniform inlet and outlet is
assumed. The axisymmetric geometry does not result in a considerable circumferential
variation in the fluid flow and the associated surface thermal properties, hence
circumferentially uniform heat transfer and temperature distribution are inherently

maintained.
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3.5 Boundary Conditions

The boundary conditions for the different walls and interfaces are set in the software as shown
in Fig. 3-1 and Table 4, where protal is the total pressure, pstatic is the static pressure and T is
the static temperature. A constant stator temperature of 150 °C is prescribed for the isothermal
boundary condition at the air gap as a conservative approach to account for the unknown heat
flux from the stator. This boundary condition is commonly used in different studies and found
to be a good approximation since the stator heat transfer is not the main concern of this study
[6] [7] [10]. Adiabatic conditions are specified for surfaces where insignificant heat flux is
expected, such as the rotor innermost surface and surfaces of the stator carrier away from the
stator cores and coils where most of the electromagnetic losses are concentrated. A
conservative heat flux value of bearing mechanical losses is applied at an approximated rotor-
bearing interface surface at the rotor inner diameter. An insulative adhesive layer of 0.1 W/m-
K thermal conductivity is considered as thermal contact resistance between the solid
components.

A stagnation boundary condition is specified at the inlet, whereas an atmospheric opening is
specified for the outlet to minimize the influence of outlet boundary conditions on the results.
Moreover, the inlet and outlet fluid regions were extended to a suitable extent through multiple
iterations for the same purpose. These boundary conditions allow the model to solve for
unknown mass flow rate due to the rotor rotation. Symmetry conditions are considered to

account for the double-rotor, single stator motor topology.

Boundary Condition
Inlet Protal = 0 Pa, T =298 K
Outlet Atmospheric opening at pstatic = 0 Pa
Stator / Cover Walls Adiabatic no-slip smooth wall
Stator Wall Facing Air Gap Isothermal no-slip smooth wall T =423 K
Rotor Fluid Solid Interface Conservative heat flux, no-slip smooth wall
Solids Interface 0.05 mm adhesive layer

Table 4 Boundary Conditions
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3.6 Mesh

Hexagonal or hybrid conformal meshes are generated using ANSY 'S meshing software for the
modeled geometries accounting for periodicity to reduce mesh size whenever applicable. The
mesh is refined in the near wall fluid regions to keep y* near unity for accurate boundary layer

resolution.

3.6.1 Mesh sensitivity analysis
A mesh sensitivity analysis study is performed to ensure high solution accuracy and minimal

discretization error. The study is performed on one a simple 6° periodic sector model using
the SRF approach. Four meshes are tested with different mesh counts as shown in Table 5.
Four solution monitors are used to measure the accuracy of the solution and determine the
mesh independent solution, with the main focus being on the variation in magnets temperature
as

the main design parameter in this work.

Mesh Elements 1n Mass flow  — Tyagne:  Error

Count, n [kg/s] Nu Rrotor ~ NU stator [K] %
Mesh 1 86277 1.2E-05  0.01024 316.0 134.8 397.0 0.5

Mesh 2 308598  3.2E-06  0.01047 336.5 136.8 397.9 0.27
Mesh 3 1707750 5.9E-07  0.01071 352.0 126.2 399.1  0.025
Mesh 4 1855680 5.4E-07  0.01071 352.2 124.3 399.1  0.025

Mesh

0 0.01078 356.0 1274 399.0 0
Independent

Table 5 Mesh sensitivity analysis

The study shows that despite the noticeable variation in other solution parameters, the final
effect on the magnets temperature is found to be marginal. The error from the mesh
independent solution is found to be only 0.5% with the coarsest mesh and 0.025% with the
two finest meshes. This concludes the insensitivity of the solid thermal characteristics to mesh
size in CHT rotor simulations. In mesh sensitivity studies done by Malloy[70], Fawzal [44],
and Howey[49], they showed similar results where mesh refinement had a minimal effect on
the temperatures and thermal properties in rotor simulations. One potential reason for such
small errors is that a relatively fine mesh near the rotor walls is maintained across all studied
meshes. This ensures having a solution of relatively high accuracy for the surface properties

regardless of the overall mesh size.
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Fawzal [44] divided the computational domain into different parts where each part had a
different mesh setup. The mesh density and near wall grid thickness were varied iteratively to
achieve low y*and independence of thermal and flow characteristics. Given the similarity
between the geometry of the computational domain in the referenced study and this work; the
same approach is followed, and the same target mesh criteria are used. The mesh elements
size target is kept within 0.75-1 mm within the rotor enclosure. Additional mesh refinement
near the rotor walls and blades is maintained by setting the first mesh layer thickness between
0.5 - 0.05 mm throughout the rotor to account for the local high Reynolds number over
different surfaces. Greater attention to the mesh refinement at the air gap is required given the
sensitivity of the heat transfer to the flow regimes in this region as shown in Fig. 3-5. Hence,
a hexahedral grid with 32-40 elements across its thickness is used to ensure mesh
independence at this region according to earlier studies[49] [71]. Fig. 3-4 shows an example

of the meshes used in this research and the resulting non-dimensional wall distance, y*, shown
in Fig. 3-6.
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Fig. 3-5 Close up at the hexahedral mesh layers at the air gap
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Fig. 3-6 Non dimensional wall distance y* at the rotor surfaces.
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3.7 Convergence Criteria
Solution convergence is judged through monitoring different variables in the solid and fluid
domains, such as magnets maximum temperature, total heat flow, and inlet mass flow rate.
Besides, an RMS residuals value of 107 is set as a convergence criterion, and a Coefficient of
Variation (COV) value of 0.01 was set as a target for the heat flux. The COV is the normalized
standard deviation of the moving average @. In other words, the COV measures the deviation
of the total heat transfer from the mean. When COV is equal to 0.01, it means that the total
heat transfer is converged within 1% variation about its mean. The moving average interval is
set to 25 iterations. Normally the thermal variables converge at a lower number of iterations
before reaching the other convergence criteria, which indicates the sufficiency of these criteria

to reach a converged solution.

N
5= 00) (61)
=1
o= =Y (0G)-8)° (62)
j=1
Cov == (63)
)

3.8 Verification
The discussed CFD model setup is verified against the results discussed in [41]. Similar
geometrical setup is used; however, the dimension of the designed machine is used.
The correlations provided in the study is used to calculate the heat transfer over the magnets
air gap surface as a highly critical heat transfer region. The Nusselt number value calculated
from the simulation is compared to the correlated values within a 1.1% margin of error. The
figures below (Fig. 3-7, and Fig. 3-8) show the flow patterns in the verification simulation.

The shown patterns are found to be similar to the patterns shown in Rasekh’s study.
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Fig. 3-7 Velocity contours captured at an axial plane located at the middle of the magnets
thickness showing similar flow patterns at the equivalent location shown in [41].

Fig. 3-8 Velocity contours around the rotor at a radial plane located in the middle of the
magnets air-channels showing similar flow patterns at the equivalent location shown in [41].
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Chapter 4

Integrated Rotor Air Cooling
Improvement and Design Iterations



4

Integrated Rotor Air Cooling Improvement and Design lterations

The simplest rotor design for an AFPM machine has blunt rotor carrier geometry Owith flat
surfaces and surface-mounted magnets. The rotor losses as previously discussed makes the
magnets at the risk of potential overheating and demagnetization. An air cooled rotor with flat
surfaces at low rotational speed would have an inherently limited cooling capacity and may
not provide a sufficient cooling rate to keep the magnets below their thermal threshold. The
designed machine generates heat in the rotor that can reach as high as 740 W, thus a rotor air
cooling rate of the same value should be maintained while keeping the magnets temperature
below 100 C as previously specified in the machine operation requirements.

Multiple designs of the rotor and the rotor housing are tested numerically through different
design iterations. These designs aim to improve the rotor thermal performance by introducing
and improving the design of multiple geometrical features on the machine rotor and its
housing that can enhance the rotor heat transfer. However, such geometrical features might
also increase the machine windage losses, therefore multiple design iterations have to be
carried out in order to ensure the best possible thermal performance of these designs at a low

cost of associated windage losses

4.1 Design Direction Setting

Initial design iterations are made in order to set the initial base rotor geometry design. The
design features are applied progressively to a basic design that considers the structural

requirements of the rotor assembly shown in Fig. 4-1.
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Fig. 4-1 Base machine assembly with preliminary basic rotor design.
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Flat Rotor Carrier

Bladed Rotor Carrier

The rotor housing design, although critical to the rotor thermal performance, is initially set as
a simple wall with a simple inlet and outlet to ease the simulation process during the first

phase of the rotor design. Six rotor designs are selected for this study and classified as shown

Rotor
Carrier
Vented Closed
Rotor Rotor

' Protruding Mounted ‘
Magnets

p I 1 g I 1 \
Non Non Non
Bladed ] [ Bladed ] Bladed ] [ Bladed [ Bladed ] [ Bladed ]

Vented Rotor with
Protruding Magnets

below:

Flat Gapless Magnets ]

Closed Rotor Vented Rotor

Rotor 1 Rotor 3 Rotor 5
Rotor 2 Rotor 4 Rotor 6
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All six rotor assemblies are simulated with a simple wall enclosing the rotor carrier. The wall
represents the motor housing with an axial air inlet at the center of the rotor and an open
periphery as an outlet. This inlet arrangement is selected based on the study done by Fawzal
et al [60]. However, a completely open periphery is used as an outlet instead of the volute
casing with a single outlet used in the study. The volute casing outlet might be a must for a
commercial machine design due to outlet size limitations imposed by the motor assembly.
However, this design iteration is meant to investigate the simplest rotor/housing assembly.
Moreover, this simplification facilitates the study of the different designs using a sectional
rotational CFD model. The studied fluid and solid domains are modeled in ANSYS
SpaceClaim following the geometrical guidelines for sectional models discussed in Chapter
3. The results from different CFD simulations show incremental improvement in the rotor
cooling performance through adding the previously discussed geometrical features, as shown
in Fig. 4-2. The average heat transfer coefficient values discussed are calculated based on the

inlet temperature.
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Fig. 4-2 Performance monitor variables of the different rotor designs.
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The enhancement in rotor cooling is best demonstrated in reducing the maximum magnets
temperature at the same operating conditions. The temperature reduction is directly related to
either an increase in the mass flow rate, the rotor average heat transfer coefficient or both. The
rotor geometry dictates the amount of momentum transferred from the rotor to air which
defines the pumping power of the rotor hence the mass flow rate. The flow turbulence is
mostly dictated by rotor surface geometry features. It defines the surface conductance and,
hence, the heat transfer coefficient. There is also a direct relationship between mass flow rate
and windage losses representing the pumping power. This was observed in the rotors, which
either have an embedded fan or surface-mounted magnets that have a centrifugal fan-like

effect centrifugal fan.

4.1.1 Closed Rotors (Rotor 1 and 2)

Rotor 1 shows the highest magnet temperature associated with the lowest mass flow rate and
lowest rotor average heat transfer coefficient. Batchelor flow pattern at the air gap is observed
which explains the deteriorated heat transfer [38]. Hot air is recirculated at the air gap due to
the existence of the rotating core between the rotor and stator boundary layers. The flow
streamlines over Rotor 1 presented in Fig. 4-3 show Batchelor flow type, also Eckman layer
flow at the enclosed cavity between the rotor and the stator agreeing with [30]. These two
flow regimes deteriorate the cooling heat transfer or even heat the rotor inner surfaces where
the entrapped recirculating air temperature exceeds the solid body temperature of the magnets.
The low mass flow rate is due to the limited pumping effect of the flat rotor surface compared
to the other designs with blades and through-flow ventilation. This design represents the
baseline performance allowing for assessment of enhancements in the other geometries.

Rotor 2 with the embedded fan blades decreased the magnets maximum temperature by 44
degrees due to the increased mass flow rate and turbulence over the rotor carrier surface, as
shown in Fig. 4-4. This improvement, however, comes at the cost of a 140 W increase in the

windage losses equivalent to the added pumping power of the fan.
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Fig. 4-3 Flow streamlines over the magnets at the rotor periphery showing Batchelor flow
with core rotation at the air gap and Eckman layers at the rotor cavity in Rotor 2.
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Fig. 4-4 Correspondence of high turbulence kinetic energy of air at 0.5 mm from the rotor
surface (a) in Rotor 2 with high local heat transfer coefficient over the rotor surface (b).
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Both Rotor 1 and 2 have similar flow patterns over the rotor’s inner surfaces. Accordingly,
most of the heat is removed indirectly through the rotor carrier surfaces similar to the baseline
geometry. The temperature contours in Fig. 4-3 show a nearly one-dimensional heat flow in
the axial direction with the hottest spot on the magnet surface at the air gap. This can be
observed through the nearly flat temperature contours as a result of minimal heat transfer on
the magnets surfaces, while a noticeable temperature gradient is seen in the axial direction
with lower temperatures shifted towards the rotor carrier showing the direction of the nearly
one-dimensional heat flow. The half parabolic temperature contour in the back iron supports
the same rationale since a secondary heat flux in the radial direction is introduced by the rotor
carrier lip where it contacts the back iron at the outer diameter. The contour curve is nearly
flat at the back iron inner diameter indicating a diminished heat transfer on the inner surface.
The reason behind the diminished cooling rate on the external surfaces of either the magnets

or the back iron is due to flow recirculation at the air gap and the enclosed.

4.1.2 Vented Rotors (Rotor 3 and 4)

Rotor 3, although flat, showed major improvement in the cooling performance achieving
lower magnets temperature and higher average rotor heat transfer coefficient at a lower mass
flow rate when compared to its non-vented counterpart Rotor 1. Unlike the non-vented rotors,
the temperature contours in vented rotors tend to be more elliptical contours with their center
shifted towards the outer diameter which indicates the heat is being transferred through all
surfaces. The existence of vents in the rotor allowed a net outward flow at the air gap periphery
eliminating the recirculating core as the flow changes to Stewartson flow type as shown in
Fig. 4-5. The net outward flow results in having the higher temperatures contours shifted
towards the peripheral walls due to the higher heat transfer rate at the inner walls since they
are exposed to colder air from the vents. The Stewartson flow type allows the magnets and
back iron to be cooled at all the surfaces, unlike the closed rotors where the losses were mostly
cooled through conducting heat to the rotor carrier. Also, lower magnets temperatures are
achieved at 75 % less windage losses.
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Fig. 4-5 Flow streamlines over the magnets at the rotor periphery showing Stewartson flow
with net outward flow in Rotor 3.

The combination of rotor blades with the vents in Rotor 4 shows further reduction in the
magnet and overall rotor temperatures. This reduction is a result of the increased mass flow
rate as well as increased heat transfer due to the higher turbulence at the bladed side of the
rotor, similar to Rotor 2 . However, the windage losses increase by 160 W compared to the

bladeless Rotor 3.

4.1.3 Rotors with protruding magnets
Introducing air channels between magnets poles in Rotor 5 improves the cooling performance
compared to Rotor 3 which has the same rotor geometry minus the air channels. The magnets
maximum temperature drops 7 degrees, while the average temperature drops 15 degrees.
However, the windage losses increase by 103 W due to the added fan effect from the
protruding magnets. This effect results in a 62 % increase in the air mass flow rate and a 43
% increase in the average heat transfer coefficient. The increased magnets surface area and
air mass flow rate as well as the added flow turbulence contributed to the overall enhancement

in the cooling performance.
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Rotors 5 and 6 show unsymmetrical temperature distribution in the magnets with an
observable hot spot on the pressure side. This is related to the non-uniform airflow inside the
air channels, which causes a difference in turbulence kinetic energy levels over the channel
sides, as shown in Fig. 4-7.

This affects the local heat transfer on the magnets pressure and suction sides, as shown in Fig.
4-7. On the suction side, the graph shows a local peak halfway through the air channel
corresponding to an increased local turbulence kinetic energy of the flow near the wall at that
location. Contrarily, on the pressure side, the local heat transfer is high along with the first 20
% of the channel length, followed by a dip that corresponds to the location of the hot spot
observed on that magnet face. The heat transfer increases again at the channel end as the air

flows over the sharp edge of the magnet.

[

Magnet's
suction
side

[M"2 s7-2]

Fig. 4-6 Turbulence kinetic energy in the air channels and the corresponding temperature
contours inside the magnets poles in Rotor 5.
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Fig. 4-7 Local heat transfer on the magnets suction and pressure sides.

Rotor 6 has the best thermal performance among all other rotors having the highest average
rotor heat transfer coefficient. However, it has 1 degree higher maximum magnets temperature
than Rotor 4 and 32 % higher windage losses. The temperature contours in Fig. 4-8 show
better temperature distribution in Rotor 6 compared to Rotor 4 implying a lower average
temperature of the former due to the increased heat transfer on the air channel sides of the
magnet. This can be related to the fact that the fluid flow exhibit core rotation at the air gap in
Rotor 6 as most of the rotor outflow exit through the air-channel rather than the air gap which
result in increased film temperature at the magnets surface at the air gap [42] [43], hence the
deteriorated heat transfer. The conclusion is that the protrusion of the magnets allows for
increased mass flow rate around the rotor as well higher average Nusselt number over the
rotor surfaces. The increased overall heat transfer only reduced the average temperature of the
magnets by 5 degrees, while, the maximum temperature slightly increased due to the
deteriorated heat transfer at the air gap. The improvement in thermal performance came at a
cost of increased windage losses, such an increase represents an unjustifiable addition to the
machine losses given that the enhancement in cooling performance is not enough to further

lower maximum magnets temperature which is the main design goal.
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Fig. 4-8 Temperature distribution in the six different presented rotor geometries.

4.2 Cooling Performance Factor, 1
For a better comparison of the cooling performance of the presented rotor geometries with
respect to the associated windage losses, a cooling performance factor 1, expressed in (1), is
introduced. Tiimit resembles the temperature limit of the magnets (150 °C), and Tm is the
maximum temperature of the magnets at steady state. This factor measures the power

consumed by the rotor in the form of windage losses per each degree drop in the magnets
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maximum temperature below its critical limit. A low 1 indicates a good rotor design, given it

is capable of steadily operating at safe magnets operating temperature limit. NdFeB magnets

usually operate below or at 100°C in automotive/aerospace applications.

_ Windage Losses (64)
Tlimit - Tm

Five of the presented rotors were compared based on 1. The baseline rotor is excluded from

n

the comparison since its maximum temperature is higher than the critical limit. The second
rotor is added for comparative purposes, although it does not qualify for safe operation since
the magnets temperature exceeds the 100°C threshold.

As shown in Fig. 4-9, Rotor 2 consumes the highest power per degree reduction in magnets
temperature. The closed rotor configurations rely only on indirectly cooling the magnets
through the rotor carrier. This is an inefficient method due to two main reasons. Firstly, the
heat flux path from the magnets to the rotor carrier has a high resistivity. This is imposed by
the existence of two insulation layers between the three solid components and the lower
conductivity of the cobalt steel back iron compared to the aluminum rotor carrier. Secondly,
the development of Batchelor and Eckman layer flow on the inner walls of the rotors causes

hot air to recirculate and deteriorate the convection heat transfer on the rotor surfaces.
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Fig. 4-9 Performance factor for the presented rotor geometries.
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This concludes that the closed rotor geometries are the least performing geometries and any
efforts to improve their thermal performance through the addition of geometrical features
would be inefficient either thermal wise or power wise. It is worth mentioning that the
performance of Rotor 2 alike geometries could be improved by modifying the rotor blades as
discussed in [72] and [73].

The cooling performance of the other vented geometries varied widely, with the flat vented
Rotor 3 having a substantially better performance than other rotors with their added features.
However, the maximum temperature is found to be only 5 degrees below the operating
temperature limit. Usually, for commercial machines, a safety margin of 10-20 degrees is
recommended. Fawzal et al. set 80°C as the maximum rotor temperature limit for their study
as specified by the machine manufacturer [72]. The main design advantage of vented rotors is
removing the heat directly from the heat-generating source by forcing air directly over the
magnets. The rotor's internal flow path can be improved through rotor geometry optimization
with a minimal increase in windage losses.

Rotor 5 shows a slightly better performance compared to Rotor 4, but it also has a slightly
higher maximum temperature. The better performance seen in Rotor 5 over Rotor 4
emphasizes that the enhancement of rotor internal flow for better direct cooling is usually
more efficient than improving the indirect cooling through the rotor carrier.

The addition of fan blades in Rotor 6 geometry is found unreasonable given the minimal gain
it offers in terms of thermal performance over the more efficient Rotor 4 and 5. This is
reflected on the cooling performance factor which approaches the value of the Rotor 2 that
has the worst performance among other presented rotors.

The study showed that vented rotors have superior cooling performance at slightly higher
windage losses when compared to their non-vented counterparts. The improvement was found
mostly related to the air gap flow type since vented rotors were able to eliminate flow
recirculation regions which deteriorate heat transfer at the rotor inner walls. Also, the
introduction of magnets protrusions resulted in a 43% improvement in heat transfer compared
to gapless magnets as a result of increased mass flow rate. However, the magnets maximum
temperature dropped only 7 degrees due to its strong dependency on air gap flow which was
found to exhibit core rotation in the case of protruding magnets. The addition of straight fan

blades to the rotor enhanced the overall rotor cooling however it increased the windage losses
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by at least 86% when compared to their non-bladed equivalent geometries. Such an increase
reduced the rotor cooling performance factor by 25% for nearly the same thermal
performance. Fan blades increase the air mass flow rate and turbulence over the rotor surfaces
which improves the cooling rate when direct cooling is insufficient. Nevertheless, the rather
modest thermal conductivities of the rotor components often used (neodymium magnets,
epoxy-based adhesives, steel back iron) limit the overall cooling capacity of the rotor blades
given the indirect heat path between the cooled rotor surface and the magnets. Such limitations
affect the cooling efficiency of rotor blades; Accordingly, it was found to consume higher
power (windage losses) per degree °C reduction in magnets temperature when compared to
the other mentioned cooling features.

Despite the downsides of the rotor blades, the study showed that they can achieve a superior
cooling rate when coupled with rotor vents, resulting in low magnets operating temperature
within a reasonable windage losses rate.

It is worth mentioning that the study is performed at a different operation point (5200 RPM)
from the other simulations shown later in this chapter. However, the study results are indeed
applicable for the continuous power operation condition used for later studies.

Based on the study results, the initial design is set to have a ventilated rotor with embedded
radial fan blades and further design changes are made for the mechanical integration of the
rotor with the other parts of the motor. Further studies are done for the improvement of the

fan blades for better cooling efficiency.

4.3 Rotor Fan Blades Design

The results from the simulations discussed in the last section as well as experimental results
from previous studies showed that the rotor of an AFPM machine has a great resemblance to
centrifugal/radial fans. Therefore, centrifugal fan design concepts become of great importance
when designing an air cooling system for a self-cooled rotor, especially with the integration
of embedded fan blades in the rotor body.

The high cooling rate required by the designed machine as a result of its high power density
and relatively low permanent magnets thermal threshold, also due to the significant
importance of the fan blades to the rotor thermal performance as previously discussed. The
rotor design has to be studied while considering the concepts of turbomachinery in order to

achieve a thermally sound design without compromising the machine windage losses.
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The resemblance of the rotor to radial fans and ventilated brake rotor disks allows the
application of the same design concepts to rotor geometry. Nevertheless, blower fan design
usually tends to focus on pressure rise, mass flow rate, and fan power as design parameters
while the thermal performance of the fan rotor is not usually a concern. Contrarily, rotor brake
disc design focuses mainly on the rotor thermal performance with no regard to the fan
power/windage loss since it is negligible compared to the power output in a vehicle. Therefore,
this work focuses on utilizing both concepts to make the rotor cooling system as efficient as
possible.

The heat transfer in the bladed rotor mainly depends on the rotor pumping rate as well as the
turbulence over the rotor surfaces which dictates the heat transfer coefficient over it. The flow
rate of the radial fan is a function of the blade outlet angle according to Euler equations. While
the heat transfer coefficient over the fan rotor is mainly affected by the boundary layer
thickness over its surfaces, hence increased turbulence over the rotor surface would result in
a thinner boundary layer and higher heat transfer coefficient. Therefore, the rotor blades
design should aim to increase the turbulence over the fan blades the surfaces by increasing the
relative and meridional speeds of air over the blades and rotor surfaces.

4.3.1 Radial fan design concept
Starting from Euler's incompressible flow equations as the governing equations for the design.
The curves shown below for a radial fan with a radial inlet show that the flow rate is a function
of the outlet angle. Fig. 4-10 shows that the maximum flow rate of a fan is possible when it
has a radial outlet $2=90°. The high flow rate would result in enhanced heat transfer; however,
the radial outlet would compromise the relative velocity W of air over the blade surface as
shown in Fig. 4-13. Additionally, the radial outlet results in the lowest total to static fan
efficiency as shown in Fig. 4-11, so it is expected to have higher losses and power demand
compared to its curved counterparts. On the other hand, a curved blade will have a lower flow
rate, but it will have higher total to static efficiency and higher relative velocities over the
blade surface. Fig. 4-12 shows the radial fan curves at different blade outlet angles. According
to the curves, a backward curved blade ($2<90°) would have a higher efficiency than the radial
blade at the same flow rate below flow coefficient, ¢ ~ 0.55. However, radial blades are

capable of higher flow rates.
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Epple et al. [74] presented a case study for the improvement of radial fan performance
targeting a higher mass flow rate. According to the study, the following design steps are

followed for enhancing their design performance:

1. Reduction of the fan blade outlet angle, 2, for a higher total to static fan efficiency.
2. The reduction of mass flow rate due to smaller 32 can be counteracted by increasing the
blade height.

3. Fine-tuning the blade inlet angle B1 for shockless entry to minimize flow losses.

The author also suggested modifying the inlet radius and inlet blade height to reduce the
relative flow velocity on the blades to reduce friction losses. However, the higher relative

velocity is beneficial for heat transfer. Accordingly, the opposite effect is targeted for the rotor

design.
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Fig. 4-10 Radial fan performance curves at different blade outlet angles [74].
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Fig. 4-12 Radial fan efficiency curves at different blade outlet angles [74].
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Fig. 4-13 Effect of blade angles on non-dimensional relative velocity over the blade [74].

4.3.2 Radial fan blades

Radial fan blade (B1= f2=90°) is selected for the first design iteration although it has the
highest theoretical fan power or windage losses. The selection is made for the following
reasons: First, the radial fan blade has the highest theoretical flow rate, therefore studying this
geometry allows the assessment of the highest possible mass flow that the rotor is capable of
pumping at the given motor operating conditions. Second, to study the effect of mass flow
rate on the rotor thermal performance and be able to further compare it to the other curved
blade geometries of lower mass flow rate; similarly, knowing the highest fan power associated
with the radial blade geometry and further compare it to the curved blades of lower power.
Third, the radial fan blade had the highest average heat transfer coefficient, hence better
thermal performance compared to the curved and pillar blade type in the study done by Fawzal
etal. [72].

Modifications are applied to the simple rotor design presented in section 4.1 along with the

revised fan blades design for the following reasons:
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1. To allow the rotor to accommodate the other motor components such as the sprag clutch,
resolver, and bearing housing in the rotating assembly.

2. To account for the increased mechanical stresses due to the increased nominal speed
requirements.

3. Reducing the magnets eddy current losses by using Halbach gapless magnets array instead

of conventional surface-mounted magnets poles.

4.3.2.1 Back Plated Rotor, R1

The design concept of the brake rotors studied in [75] and [73] is applied for the rotor design.
Unlike the bladed rotor geometry shown in the last section which did not have a back plate
covering the blade, this rotor has its blades enclosed by a back plate forming internal channels
inside the rotor carrier body. This back plate serves as a mounting surface for the resolver
target as well as an additional surface for heat dissipation.

The rotor vents are shifted more towards the inner diameter sharing the same axial inlet with
the fan section as shown in Fig. 4-14. This allows the fan section of the rotor to be extended
over the entire back of the rotor increasing the effective heat transfer area and without

interfering with the other components of the rotor.

EeT -_______

s

Fig. 4-14 R1 rotor design, Back plated rotor with radial blades.

75



The rotor design parameters and key results from the simulation at the machine nominal load

is as shown below:

Design Parameters

Blade Outlet Angle, 32 90°
Blade Inlet Angle, B1 90°
Number of Blades 48
Inlet Radius, r1 102 mm
Outlet Radius, r2 119 mm
Constant Blade Height, b 3 mm
Lean Angle, A 0°

Mass Flowrate, m

Average Heat hRotor
Transfer hmagnets
COEﬁICIEﬂt, h ERotor Carrier

Key Results
81.8 x10° [kg/s]
204.4 [W/m2.K]
69.1 [W/m2.K]
158.5 [W/m?.K]

Power (Windage Loss), P 486.9 [W]

Maximum Mag_;rnets Temperature, 86.5 [°C}
max

Cooling Performance Factor, n 7.67 [WIK]

Table 6 Design parameters and key simulation results of R1 rotor.

The design allows the magnets to be at a safe operating temperature, The maximum recorded
temperature within the magnets was 86.5 °C with enough safety margin below the threshold
at 100 °C. The temperature contours below show that the highest temperature in the rotor is
near the bearings, while the lowest temperature is at the backplate near the inlet with a
marginal increase in its temperature near the outlet. This indicates the high cooling intensity
at the backplate as a result of its large surface area and the fact that it is being cooled on both
sides.

The internal blades of the rotor do not only pump the air through it, but they also act as heat-
dissipating fins. This can be observed through the variation of the temperature at the rotor
carrier circumference near the outlet upper edge where lower temperature regions surrounded
the blades. Oppositely, lower temperatures are found in between the blades due to the higher
cooling rate on the backplate as it acts as a larger fin.

The static pressure contours below show the pressure development in the rotor channels
reaching a maximum at the outlet. This is due to the exchange of angular momentum as well

as the diffuser effect of these channels since the increase in the flow area in the radial direction
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is not compensated by the reduction of the channel height. Moreover, increased pressure in
the internal cavity of the rotor resulted in major blockage of the flow through the vents as
shown in the streamlines in Fig. 4-14. Higher pressure is seen near the back iron due to the

entrapment of air near the corner by Eckman layer flow inside the cavity.
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Fig. 4-15 Temperature distribution in R1 rotor.
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Fig. 4-16 Static pressure distribution in through R1 rotor.
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Fig. 4-17 Flow streamlines through R1 rotor.

4.3.2.1.1 Back Plated Rotor with Bleed Vents, R2

The reduced outlet size in the rotor shown in Fig. 4-18 along with the bleed between the rotor
inner cavity and the inter-blades channels results in better flow and pressure distribution
through the rotor carrier. Accordingly, its average heat transfer coefficient slightly increased.
However, the flow through the air gap deteriorated hence the average HTC over the magnets
dropped to nearly half of that found in the former rotor. As discussed earlier, the direct heat
transfer through the magnet surfaces is more critical to its thermals than the indirect heat
transfer through the rotor carrier. This explains the noticeable rise in the magnets temperature

compared to the rotor without the bleed vents.

Design Parameters

Blade Height at Inlet, by 3mm
Blade Height at Outlet, b 1.5 mm
Blade Outlet Angle, 32 90°
Blade Inlet Angle, B1 90°
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Key Results

Mass Flowrate, m 78.5 x107 [kg/s]
Rrotor 267.8 [W/m2.K]
Average Heat -
Transfer Rmagnets 33.8 [W/m2.K]
Coefficient . )
hRotor Carrier 163.1 [W/m -K]
Power (Windage Loss), P 439.7 [W]
Maximum Magnets Temperature, Tmax 90.2 [°C}
Cooling Performance Factor, 7.3 [WIK]

Table 7 Design parameters and key results of R2 rotor.
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Fig. 4-18 Static pressure distribution through R2 rotor.
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Fig. 4-19 Static pressure distribution through R2 rotor.

4.3.2.2 Open Channeled Rotor, R3

The open channeled rotor without a back plate is studied in effort to make the design easier to
manufacture. The resolver target in this design is mounted on the blades to eliminate the need
for the back plate as a mounting surface. Also, a sprag clutch is introduced to the motor which
occupies a larger space of the motor inner diameter compared to having a motor shaft only.
Accordingly, the vent geometry and the number of blades are changed to allow for axially
mounting the rotor to the motor drive hub. The rotor carrier thickness is increased near the
mounting region where there it is highly possible for the rotor to cone due to stresses. The
rotor thick section was later extended to its inner diameter in the finalized mechanical design.
The blade height is increased to include height occupied previously by the back plate. The
blade lean angle is increased to keep higher velocity gradients near the rotor back surface.
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Fig. 4-20 R3 rotor design, open channeled rotor with radial blades.

The rotor temperature contours show that the open channeled rotor is comparable to the back
plated rotor despite the smaller effective area of heat transfer of the former. This is due to the
higher average heat transfer coefficient over both the rotor carrier and magnets as well as the

higher pumping rate of the open channeled rotor.
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Fig. 4-21 Temperature distribution in R3 rotor.

81



Design Parameters

Blade QOutlet Angle, 32 90°
Blade Inlet Angle, B1 90°
Number of Blades 48
Inlet Radius, r1 50 mm
Outlet Radius, r2 119 mm
Constant Blade Height, b 4 mm
Lean Angle, A 20°
Key Results
Mass Flowrate, m 116.7 x1073 [kg/s]
Rrotor 216.6 [W/m2.K]

Average Heat -
Transfer Rmagnets 86.7 [W/m?.K]
Coefficient, h

hrotor carrier 302.8 [W/m*K]
Power (Windage Loss), P 704 [W]
Maximum Magnets Temperature, Tmax 87.5[°C}
Cooling Performance Factor, n 11.3 [WI/K]

Table 8 Design parameters and key results in R3 rotor.

The increased mass flow rate is due to a larger flow area and reduced flow blockage at the
inlet as a result of increased blade height and the smaller number of blades. The increased
number of blades results in geometric blockage which when combined with the flow blockage
due to separation at the leading edge shown in Fig. 4-22 can significantly deteriorate the
pumping capability of the rotor. Although the increased mass flow rate is beneficial for the
heat transfer, the reduced number of blades also reduced the effective heat transfer area of the

rotor.
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Fig. 4-22 Flow velocity vectors in between the radial rotor blades in R3 rotor.
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Fig. 4-23 Velocity contours through the R3 rotor.
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The relatively smaller vents at the rotor inner diameter allow a throughflow through the rotor
cavity. The flow exhibited Eckman layer flow at the rotor cavity similar to the previous
geometry. However, the increased average heat transfer coefficient at the magnets surface

indicates the better performance of the new vents in cooling the rotor internal surfaces.

Fig. 4-24 Streamlines of the meridional flow velocity through R3 rotor.

According to Euler equations, the shaft power is directly proportional to the flow rate so as a
result of the increased pumping capacity of the open channeled rotor, the inherently high
power of the radial fan is increased.

As discussed earlier, the machine considerations require that the windage power loss should
not exceed a 500 W limit. Although the radial fan maintained an adequate cooling rate keeping
the rotor temperature far below its threshold, the fan blades design has to be further improved

to maintain the same thermal performance at lower windage losses.

4.3.3 Backward curved fan blades

By reviewing Euler equations and radial fan curves, it is concluded that the backward curved
blades can reduce the fan hydraulic power, while also increasing the fan total to static
efficiency theoretically. The combined effect can result in a significant reduction in the shaft
power, hence reduced windage loss. The backward curved fan would however reduce the fan
pumping capacity in results. Nevertheless, backward curved blades have higher relative
velocities over the blades which can increase the heat transfer through increased turbulence
countering the effect of reduced mass flow rate.
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Fig. 4-25 R4 rotor design, rotor with backward curved fan blades.

The new rotor has the same carrier geometry as the previously studied rotor, but the rotor
carrier thickness is kept constant past the inlet to avoid the flow separation due to the thickness
step shown in the figure above. The new blade geometry has a circular arc shape; this type of
blade is easily computed since there is only one possible arc between the predefined inlet and
outlet angles.

The inlet angle is fine-tuned to avoid shock entry loss and flow blockage due to flow
separation at the fan inlet. The angle is selected based on a separate simulation where the
radial inlet was first tested. The outlet angle is selected based on the radial fan geometry of a
different application. This blade geometry is tested as an initial iteration to estimate the
potential reduction in windage losses as well as the thermal performance of backward curved
blades.
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Fig. 4-26 Temperature distribution in R4 rotor.

Design Parameters

Blade Outlet Angle, B2 24°
Blade Inlet Angle, B: 57°
Blade Height at Inlet, b; 55 mm
Blade Height at Outlet, b 4 mm
Number of Blades 20
Inlet Radius, ry 60 mm
Outlet Radius, r2 114 mm
Lean Angle, A 0°
Key Results
Mass Flowrate, m 80.9 x10° [kg/s]
Average Heat hrotor 185 [W/m* K]
Transfer Rmagnets 56 [W/m2.K]
Coefficient Rrotor carrier 224 [W/m?.K]
Power (Windage Loss), P 193.4 [W]
Maximum Magnets Temperature, Tmax 100.4 [°C]
Cooling Performance Factor, 3.9

Fig. 4-27 Design parameters and key results of R4 rotor.



The results show a significant reduction in mass flow of the backward curved fan blades
compared to the radial ones. Accordingly, the heat transfer deteriorates over the rotor surfaces,
and the temperature of the magnets increases as a result. Although the radial fan has better
thermal performance, the average relative air velocity over the fan surfaces in the backward
curved fan is 54% higher on the backward curved blades. Also, the rotor carrier with the
backward curved fan dissipated slightly more heat than the other rotor.

The figure below (Fig. 4-28) shows the velocity vectors of the flow at the blade inlet. The
radial inlet shown in the left image resulted in flow separation accompanied by a wake region
at the blade suction side, while the revised inlet angle has a uniform flow between the blades.
This results in more uniform heat transfer over the rotor carrier surfaces and eliminates the

flow blockage due to flow separation between the blades.

Fig. 4-28 Flow velocity near the backward curved blade leading edges showing the flow
separation due to the misaligned inlet angle (left) in comparison with the blade-aligned flow
after inlet angle correction (right).

4.3.3.1 Rotor Blades Geometry Improvement
The backward curved blade showed a significantly lower windage power loss. Although the
thermal performance is compromised, it is noticed that the reduction in the heat transfer
coefficient is not proportional to the reduction in the windage loss. This is due to the effect of
the increased relative velocity over the rotor surface as a result of reducing the blade outlet
angle which enhances the surface transfer.
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In the following rotor R5 design, the blade outlet angle is increased. The increased blade angle
has a higher theoretical flow coefficient, hence better mass flow rate and increased heat
transfer. The blade inlet diameter is increased to reduce the total pressure development in the
fan and the fan power as a result. The blade inlet angle is changed accordingly to ensure the
alignment of the flow at the new inlet diameter. The blade height was increased at the inlet to
increase the geometrical flow area hence the maximum flow rate. The blade height
downstream of the inlet was computed based on the equation shown in Table 9. Epple et al.
[74] discussed different approaches for blade height computation. The constant meridional
velocity Cm (r) = const. suggested by Pantell [76] and Eckert and Schnell [77] is followed.
This is to ensure appropriate distribution of meridional velocity without abrupt deceleration
due to expansion as the flow area increase in the radial direction in case of constant blade
height.

Fig. 4-29 Rotor R5 design with improved backward curved blades.

The blade outlet angle is fine-tuned to maximize the flow ratio of the backward curved at the

highest possible total to static efficiency. The angle is improved with no regards to the maximum

pressure drop. The graph below (Fig. 4-30) shows the flow coefficient at the maximum fan

efficiency at different outlet angles [74].
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Fig. 4-30 Flow coefficient variation with blade outlet angle.

The design provides a sufficient cooling rate to keep the magnets temperature 6 degrees below
its threshold at a relatively low rotor windage loss compared to the maximum allowable value
as well as the other designs. The enhanced heat transfer can be related to the high relative flow
velocity over the rotor carrier surfaces in addition to the high mass flow rate compared to the
other designs.

Temperature [C]

Fig. 4-31 Temperature distribution in rotor R5.
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Design Parameters

Blade Outlet Angle, 32 38°
Blade Inlet Angle, B1 50°
Blade Height M
Number of Blades 3r6
Inlet Radius, ry 66.5 mm
Outlet Radius, r2 115 mm
Lean Angle, A 25°
Key Results
Mass Flowrate, m 135 x107® [kg/s]
Average Heat Rrotor 264.665 [W/m?2.K]
Transfer Rmagnets 66 [W/m2.K]
Coefficient Rrotor carrier 328.7 [W/m?.K]
Power (Windage Loss), P 300 [W]
Maximum Magnets Temperature, Tmax 93.6 [°C]
Cooling Performance Factor, 5.32

Table 9 Design parameters and key results of rotor R5.

The results show the sufficiency of the design in terms of thermal performance and acceptable
windage losses, and that it can be used for an initial prototype. Further optimization can be
done to the rotor geometry. However, it is decided to proceed with this design for the next

design task involving the full assembly including the rotor housing.

Blade Configuration Rotor R3 Rotor R4 Rotor R5
g B,=90° B,=28° B,=38°
Max. Magnets Temperature [°C] 87.6 100.4 96.1
Avg. Magnets Temperature [°C] 84.6 97 92.2
Avg. Rotor Carrier Temperature [°C] 80.4 92 87.3
Average Magnets Heat Transfer
Coefficient, Amagnets [W/m?.K] 86.7 56 66
Average Magnets Heat Transfer
Coefficient, h carrier [W/m?.K] 302.8 224 328.7
Q Magnets Percentage % 11.2 7.1 7.1
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Q Rotor Carrier Percentage % 88 92.4 92.5
Ave. Relative Velocity on Carrier

W[m/s] 6.7 10.4 25.4
Max. Relative Velocity on Carrier 96.4 62.7 69
W[m/s]
Mass Flowrate [kg/s] 0.117 0.092 0.135
Windage Loss [W] 704 193.4 284.5
n [WI/K] 11.3 3.9 53

Table 10 Summary of thermal performance of the different studied rotors with different
outlet blade angles.

By comparing the different designs side to side, the blade angle shows to have a great

influence on the thermal performance of the rotor.
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Fig. 4-32 Effect of rotor blades outlet angle on magnets temperature and windage losses.

91



4.3.4 Surface turbulence effect on rotor heat transfer
The previous study on rotor geometry features emphasized the significant effect of turbulence
over rotor surfaces in enhancing the overall heat transfer. The analysis of the final backward
curved blade fan showed agreeing results. The figure below (Fig. 4-33) shows the
correspondence of zones of high local heat transfer coefficient to the regions of increased

surface turbulence Kkinetic energy. The high turbulence kinetic energy over the backward

> T > 8 A > o
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Local Heat Transfer Coefficient [W mh-2 KA-1] Turbulence Kinetic Energy [m"2 s"-2]

Fig. 4-33 Effect of turbulence kinetic energy (left) on local heat transfer (right) at the
rotor/blades surface.
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curved fan blades can be associated with the inherently high relative velocities due to the
reduced outlet angle.

The contours over the blade surfaces show the effect of different flow patterns over the
pressure and suction sides. The suction side appears to have a nearly uniform heat transfer
coefficient with a peak where the flow reattachs over the blade past the separation at the
leading edge as shown in Fig. 4-34. On the other hand, the local heat transfer coefficient on
the blade pressure side has a gradient in the axial direction corresponding to the strong shear
forces over its surface. A narrow region of reduced heat transfer at the blade inlet is a result

of the interference of two separations zones, the one at the blade leading edge and the other

one from the 90° centrifugal inlet as shown in Fig. 4-35.

<X

Fig. 4-34 Flow velocity contours midplane in-between the rotor blades suction and pressure
sides.

The local heat transfer contours show the effect of the inter-blades flow patterns on heat
transfer. The local heat transfer coefficient contours on the rotor carrier back side show a
nearly uniform value with a peak near the inlet region due to flow impingement. A narrow
region of reduced heat transfer separating two regions of higher local heat transfer coefficient

is seen near the outlet. This is a result of the minimal flow separation over the pressure side
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of the blade which then reattachs near the blade outlet as shown in the velocity contours below.
Another flow separation appears at the step at the rotor carrier back which also results in a
slight reduction in the local heat transfer coefficient. The results are found to be agreeing with

the analysis made for a similar setup for a ventilated brake rotor in [73].

Velocity [m s*-1] Local Heat Transfer Coefficient W mA-2 K*-1]

Fig. 4-35 Effect of flow separation shown through the velocity vectors (left) on local heat
transfer on the rotor backside (right).
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4.4 Rotor Enclosure Design

A final step for machine prototyping is the integration of the selected rotor design in a full
motor assembly including the motor housing and the motor cover. The machine final assembly
defines the initial shape, location, and dimensions of the rotor air cooling system inlet and
outlets. The machine stackability requirement only allows for having all the air cooling system
openings on its circumference which poses a challenge due to reduced airflow area and added
pressure drop.

An initial enclosure (housing and cover) design considering the machine liquid cooling system
hook up, mounting features, and overall mechanical-structural integrity is shown in Fig. 4-36.
For each rotor side, a single inlet — single outlet casing design is initially proposed based on
the design of a similar machine discussed in [60]. A conventional centrifugal fan design is
proposed initially with a radial inlet that feeds the air to the impeller eye at the center, the air
is then exhausted through a single outlet located at a nearly 90-degree angle from the inlet
location to avoid short-circuiting of the hot air back into the inlet.

Rotor Inverter
Cover Casing
Inlet ==
Outlet
Motor
Casing

Fig. 4-36 Representation of the external view of the machine assembly with the initial
enclosure design.
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4.4.1 Casing/ Outlet design

4.4.1.1 Spiral volute - single radial outlet
A simulation for the proposed design is run to reassess the thermal performance of the rotor
given added flow restrictions to further fine-tune the enclosure design. Initial results (Fig.
4-37) showed a significant reduction in the rotor thermal performance compared to the
previous simulations where no motor enclosure is considered. This is due to the reduced mass
flow rate due to flow blockage, also the uneven flow distribution at the inlet as will be

discussed in the following section.
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Fig. 4-37 Streamlines inside the rotor enclosure and the rotor temperature distribution with
the initial enclosure design.

The sectional simulation for the same rotor presented in the previous section stands as a
benchmark of the prototype rotor best thermal performance due to fewer flow restrictions and
higher accuracy of the model. The simulation of the rotor considering the initial cover design
shows a significant deterioration in the thermal performance. The magnets maximum °
temperature increased by 41.7 °C exceeding the design temperature limit by 37.7 °C.

Further analysis shows that the enclosure increased the pressure drop across the rotor hence
reducing the mass flow rate given that there is no change in the rotational speed. Moreover,

the excessive pressure development in the volute due to the dynamic pressure recovery and
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having a single outlet resulted in uneven flow through the impeller or even flow blockage at
certain. The radial outlet geometry reduced the effective outlet flow area which also
contributed to the reduction in the mass flow rate and increased pressure drop.

The velocity contours indicate an unevenness in the instantaneous flow distribution through
the rotor passages at a given timestep. The figures below (Fig. 4-38 and Fig. 4-39) show the
correspondence of the zones of excessive pressure gradient near the outlet with the blade
channels where the flow is weak or nearly blocked. The flow indicates the incompatibility of
the volute design with the blades design and operating speed. The assembly geometry results
in having the system operating below the optimum mass flow which results in small radial
velocities at the outlet, while the tangential velocities are much higher than the through flow
velocity in the volute. This results in deceleration of the flow at the outlet which leads to the
excessive pressure rise at these locations and increased diffusion losses. An optimal volute
design would normally result in pressure rise as it recovers the dynamic pressure. However,
the increased pressure due to the suboptimal mass flow affects the uniformity and steadiness

of the flow along the impeller circumference.

Velocity Meridional
46.6

35.0

FL 23.3 / ¢

o (

0.0 \
[m s?-1] \

Fig. 4-38 Uneven circumferential flow distribution represented through uneven meridional
velocities.
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Pressure

Fig. 4-39 Pressure rise across the rotor and the outlet volute showing excessive and uneven
pressure rise.

4.4.1.2 Circular volute - two tangential outlets.

Changes are made to the volute design in order to avoid the unnecessary increase in
temperature requires increasing its cross-sectional flow area. Such changes cannot be made to
the casing design given the machine outer measurements limitations. Accordingly, spiral
volute design with a single outlet is disregarded.

The new design shown in Fig. 4-40 has two oppositely located tangential outlets to allow for
more even circumferential pressure distribution and to reduce the maximum flow pressure rise
in the casing before it can be exhausted to the outside. The inlet design is kept the same to
isolate its effect.

An alternative design that targets reducing the local excessive pressure increase hence
improving the flow steadiness and uniformity. The design might not be precisely applicable
since one of the proposed outlet locations would be interfering with the location designated
for the inverter mounting as shown in Fig. 4-41. However, the design is still studied to check
for potential improvement due to improving the pressure field around the impeller as well as

increasing the outlet flow area.
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Fig. 4-40 Double outlet volute design (wireframe) with respect to the rotor.

Region occupied by

the inverter
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Fig. 4-41 Machine-inverter modular assembly and limitations on rotor enclosure geometry.

“The initial results showed that the maximum pressure in the volute dropped by 18% when
compared to the previous design, while the mass flow with the new design increased by
36.5%. Heat transfer is improved thanks to the enhanced uniformity of the flow, the magnets
maximum temperature dropped 14 degrees as a result. Flow blockage due to the fully radial
outlet is mitigated through having tangential outlets as shown in Fig. 4-42.
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The pressure contours shown in Fig. 4-43 show reduced average pressure around the fan
impeller yielding a significant improvement in the overall flow through the impeller and
increased pumping rate. The pressure increase due to flow deceleration in the first design is
mitigated. However, the few regions exhibited a slight reduction at the blade outlet which that
the flow is being accelerated to match the throughflow speed in the volute. The pressure
reduction due to increased blade outlet velocity can also induce added losses similar to the
first design. The high radial component and smaller tangential component at the impeller
outlet result in a pressure gradient in the radial direction which also negatively affects the flow
uniformity.

This study concludes that the reduced pressure development in the fan casing is beneficial for
the fan pumping rate as well as flow uniformity, hence improving the heat transfer and rotor
thermal performance. Further improvements can be yielded however through tweaking the
blade angles as well as the inlet geometry. Reducing the blade outlet angle would improve the
pressure distribution in the volute, especially in the radial direction which would further
improve the flow uniformity by neutralizing the radial pressure gradient seen with the current
design.

Fig. 4-42 Outlet volute flow velocity vectors showing the effect of tangential outlet in
comparison to the fully radial outlet.
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Pressure
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Fig. 4-43 Pressure development through the double outlet circular volute.
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Fig. 4-44 Flow velocity distribuiion through the rotor with the circular volute.
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4.4.1.2.1 Effect of outlet angle on double outlet volute throughflow

The previously discussed steps are taken to improve the volute design in order to reach the
maximum pumping capability of the rotor as well as uniform flow distribution across the rotor
channels. However, changes to the volute or casing geometry are limited by the motor
assembly limitations. Accordingly, rotor-casing has to be designed as a single system. The
radial pressure variation, as well as the pressure drop at the blade outlet shown in the pressure
contours in Fig. 4-43, can be mitigated by modifying the blade angle. Reducing the blade
angle at the outlet would flatten the outlet velocity triangle as shown in Fig. 4-45, which in
turn would reduce the radial velocity component and increase the circumferential component
to match the through flow velocity to mitigate the abrupt acceleration and the associated
pressure drop. Reducing the radial velocity will also help avoid the radial pressure gradient in
the volute. In addition to changing the rotor blades outlet angles, the inlet vent size opening is
increased to counter the effect of reduced blade outlet angle on mass flow.

The result shows that the local pressure drop at the blades outlet is mitigated; however, the
pressure gradient in the radial direction is still persistent. The pressure increases near the
volute wall as the flow decelerates due to the wall friction. This explains the higher maximum
pressure in the volute with the modified blade angle which is a result of deceleration of higher

circumferential and through flow velocities.

Fig. 4-45 Effect of blade outlet angle variation (right) on the flow velocity triangles, smaller
blade outlet angle (top left), and larger blade outlet angle (bottom left).
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Despite the higher outlet pressure, the mass flow rate increased by 21%, and the
circumferential uniformity of the flow is improved. Moreover, overall heat transfer is
improved resulting in 5 degrees lower magnets temperature. Another conclusion to be drawn
from these results is that an excessive outlet angle would result in a higher radial component

and smaller tangential component.

Pressure

1600.00

Fig. 4-46 Pressure development through the double outlet circular volute with reduced blade
outlet angle.

Velocity
93.09

69.82

46.55

Fig. 4-47 Flow velocity distribution through the rotor with the circular volute with reduced
blade outlet angle.
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4.4.1.3 Circular volute — Multiple tangential outlets
The previous design showed that increasing the number and size of outlets improves the rotor
thermal performance, however, it cannot be applied to targeted prototype design due to the
motor assembly limitations discussed earlier. In the efforts to maximize the air mass flow rate
and heat transfer and minimize the pressure drop across the rotor the following design shown
in Fig. 4-48 are proposed where tangential outlet openings are placed wherever possible in the

motor housing around the rotor.

Outlet 2 Outlet 1

Outlet 3

Outlet 4

Fig. 4-48 Machine housing geometry with circular volute and multiple tangential outlets
(left), and corresponding volute flow volumetric streamlines (right).

The blade outlet angle also appears to have an effect on the volute throughflow and the overall
rotor thermal performance as shown in the previous section. Accordingly, the outlet blade
angles have to be fine-tuned with respect to the newer volute design. The following design
changes are targeting maximizing the mass flow rate and heat transfer while ensuring the best
flow uniformity across the volute and the rotor.

The first tested rotor has an 18° outlet angle to account for potential reduction in the mass
flow that might result from the uneven outlets distribution. The results showed a minimal
reduction in the mass flow rate of 3% compared to the previous design with 28° outlet angles,
this indicates higher fan efficiency given the higher pumping capacity with the smaller outlet
angle. Despite the slightly lower mass flow rate, the heat transfer is improved over the magnets
side of the rotor which reduced the temperature further by 8 degrees.
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4.4.1.4 Rotor blades geometry fine-tuning
The casing outlets sizes and locations are fixed since they are maximized within the allowable
space in the motor housing in the latest design. Moreover, the multiple outlet design is found
to be better performing thermally than designs with smaller or fewer outlet openings.
On the other hand, the rotor geometry blade geometry is varied in order to further improve its
thermal performance. On the first iteration of this process, the blade height is increased within
the allowable dimensions of the machine. Increasing the blade height by 30 % (2mm) resulted
in a 16% increase in mass flow rate and 5.6 degrees reduction in the magnets maximum
temperature. The reduction in temperature is a result of the combined effect of increased mass
flow rate and increased rotor surface area.
Three different blade outlet angles (18°, 28°, and 38°) are tested at the new blade height
configuration as shown in Table 11. The three blade configurations showed comparable
performance in terms of rotor pumping capacity and thermal performance. The intermediate
blade angle, however, results in nearly the same magnets maximum and average temperature,
however, the mass flow rate is slightly higher compared to the rotor with the smaller rotor
outlet angle indicating better performance. The higher mass flow rate means that the windage
losses are also higher as shown in the table.
The design decision is made to proceed with an intermediate blade angle. Although it is
thermally comparable to the smaller blade angle, the smaller pressure rise and higher mass
flow rate indicate a potential higher yield in performance through the enhancement of the inlet

manifold design in the next step.

Outlet Blade Angle 18° 28° 38°
Max. Magnets Temperature [°C] 109.5 109.7 111.2
Avg. Magnets Temperature [°C] 106.6 106.8 108.4
Avg. Rotor Carrier Temperature [°C] 102.6 102.6 105.5
Average Magnets Heat Transfer Coefficient,
- 38.5 37.3 41
hmagnets [W/mZK]
Average Magnets Heat Transfer Coefficient,
- 107.8 113.45 112.7
h carrier [W/mZ-K]
Q Magnets Percentage % 6.3 6 8.2
Q Rotor Carrier Percentage % 93.6 93.9 91.7
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Ave. Relative Velocity on Carrier W[m/s] 30.5 29.6 29

Max. Relative Velocity on Carrier W[m/s] 91.9 102.3 110.7
Mass Flowrate [kg/s] 0.0516 0.0537 0.058

Windage Loss [W] 198.9 259.7 276.1

Pressure rise [Pa] 988 1108 1210

Table 11 Comparison of the results with different rotor blade outlet angles.

4.4.2 Inlet Cover / Manifold design

The machine stackable assembly dictates having the air be fed radially into the rotor fan
section through a single opening in the machine outer casing. This is achieved through having
a semi-circular manifold at the rotor fan impeller eye connected to a duct that passes under
the rotor shroud leading to the designated inlet on the machine side as shown in Fig. 4-36
The initial inlet manifold design is based on the inlet configuration and design discussed by
Fawzal et al. [60]. Although their study showed that the central inlet—tangential outlet design
usually utilized with centrifugal fans performed the best among other discussed
configurations, the negative effect of adapting this configuration in order to have a radial inlet
instead of an axial inlet was not discussed.

Results from different simulations show that the radial side inlet results in significant losses
and poor circumferential flow distribution at the impeller eye compared to the conventual
axial inlet. The uneven distribution results in inconsistent flow velocities and angles at the
blades inlet at a given instant during the motor operation at a steady state. The figure below
(Fig. 4-49) shows the local heat transfer over the rotor surface in conjunction with the flow
velocity vectors. The flow appears to be of a greater intensity on one side of the rotor where
the blade leading edge has a velocity component in the direction opposite to the inlet manifold
flow direction. The flow then impinges on the rotor surface and few blades resulting in a local
high heat transfer coefficient near one side of the impeller eye compared to the other regions
of the rotor. Moreover, the uneven flow results in an inconsistent angle of attack over the fan
blades. The angle of attack over the blades is much larger on the side of higher flow intensities
compared to the rest of the rotor. This results in having intense separation over these blades
causing partial flow blockage in the passages between these blades hence deteriorated local
heat transfer. The flow angle is found to be aligned with the blade inlet angle in some other
regions maintaining a small angle of attack and minimal to no flow detachment which is

directly reflected on the heat transfer downstream the blade passage inlet.
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Fig. 4-49 Effect of the radial inlet on flow distribution and local heat transfer.

4.4.2.1 Assessment of axial inlet effect on rotor thermal performance

As discussed earlier, the one-sided radial inlet affected the flow distribution at the impeller
eye which leads to a local reduction in the heat transfer in certain regions on the rotor surface.
A separate study is carried out to assess the extent of deterioration that the radial inlet has on
rotor thermal performance compared to the axial inlet. The axisymmetric flow from the axial
inlet ensures having consistent flow angles at the inlet, hence a nearly even flow distribution
and heat transfer throughout the rotor. Moreover, the inlet flow angle is maintained at its
design angle for minimum shock loss and flow separation as shown in Fig. 4-50. The flow
velocity vectors and heat transfer contours show the significantly improved flow and heat
transfer distribution in the rotor with the axial inlet design. The shock-free entry achieved by
the inlet design results in a larger effective flow area in between the blades which led to a
significant increase in the mass flowrate, additionally, the reduced flow separation enhances
the heat transfer over the blades and rotor surfaces. These two effects combined result in better

thermal performance of the rotor hence, the magnets temperature is reduced by 6.9 degrees.
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Fig. 4-50 Effect of axial inlet on flow distribution and local heat transfer.

Inlet Configuration
Max. Magnets Temperature [°C]
Avg. Magnets Temperature [°C]

Avg. Rotor Carrier Temperature [°C]

Average Magnets Heat Transfer
Coefficient, }_lmagnets [W/mZ.K]
Average Magnets Heat Transfer
Coefficient, h carrier [W/m?.K]

Ave. Relative Velocity on Carrier [m/s]
Max. Relative Velocity on Carrier [m/s]
Mass Flowrate [kg/s]
Windage Loss [W]

Max. Magnets Temperature [°C]

Axial Radial
102.6 109.5
99.6 106.6
95.8 102.6
42 38.5
116 107.8
37 30.5
92.3 91.9
0.0817 0.0516
199 198.9
872 988

Table 12 Comparison of cooling performance with radial and axial inlet manifolds.
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4.4.2.2 Modified inlet manifold
The study showed the achievable enhancement through enhancement of the inlet flow field.
The axial reduces the losses generated at the impeller eye due to:

1) flow sharp direction change

2) shock losses due to circumferential variations of the flow field at the inlet eye resulting in
incorrect flow incident angle over the blades.

3) local decelerations in the inlet manifold cause separated flow at the impeller eye and the
blades leading edges.

The effect of inlet manifold geometry on radial fan performance was discussed by
Braembussche [78]. The author reviewed different geometries from previous studies that
proposed solutions for the reduction of inlet-related losses. The radial inlet volute geometry
proposed by Ludtke [79] was found to be the most suitable for our application due to its
relative compactness and simplicity compared to tangential volutes for example. The center
rib in the manifold is purposed for minimizing the flow angular momentum before the inlet
eye for a near swirl-free inlet. The study, however, showed that the radial inlet manifold ducts
can be greatly improved using the arrangement shown below. Although tangential inlet ducts
offer better results in terms of flow uniformity, they tend to be less compact. The design is
implemented with modifications to be accommodated within the limited space available for
the cover. These modifications are expected to limit the intended design full capabilities of
flow enhancement; However, the motor size limitations can not be compromised. The figures
below (Fig. 4-51) show simplified sketches of the tested inlet geometry based on Ludtke

design.

Fig. 4-51 Modified radial inlet design.
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The results showed improvement in the flow uniformity at the impeller eye. The figures below
(Fig. 4-52, Fig. 4-53, and Fig. 4-54) show the eye velocity distribution in each of the tested
inlet ducts. Circumferential velocity variations are present in all the geometries; however, the
axial inlet had the most distribution. Although the velocity magnitude is slightly varied, the
flow angle shown by the velocity vectors is nearly consistent along the circumference. The
observed variations are due to the downstream uneven flow caused by the outlet geometry,
hence inevitable at this design stage.

The initial radial inlet design shows the highest flow unevenness with the increased number
and size of separation regions. The modified radial inlet design, on the other hand, shows
significant improvement in the flow evenness, a smaller difference between the maximum and
minimum velocity magnitudes, and smaller separation regions. This improvement is reflected
on the overall enhancement in the rotor thermal performance resulting in very comparable
performance to that of the hypothetical optimum performance provided by the axial inlet. The
table below compares different parameters of the thermal performance between the different
designs. By comparing the different designs based on magnets temperature, the most
important design parameter, the new inlet design is found to achieve the best performance and

is chosen to proceed for prototyping stage.

Inlet Configuration Axial Radial MOd'T'ed
Radial
Max. Magnets Temperature [°C] 102.6 109.5 103.7
Avg. Magnets Temperature [°C] 99.6 106.6 100.9
Avg. Rotor Carrier Temperature [°C] 95.8 102.6 97.2
Average Magnets Heat Transfer
Coefficient, hmagnets [W/m?.K] 42 38:5 39.2
Average Magnets Heat Transfer
CoefﬁC'ent, rl carrier [W/mZK] 116 1078 1316
Ave. Relative Velocity on Carrier 37 305 348
[m/s]
Max. Relative Velocity on Carrier 923 91.9 98
[m/s]
Mass Flowrate [kg/s] 0.0817 0.0516 0.0626
Windage Loss [W] 199 198.9 211.8

Table 13 Summary of cooling performance with radial and axial inlet manifolds.
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Fig. 4-53 Flow velocity distribution at the inlet eye with considering fully axial inlet design.



Fig. 4-54 Flow velocity distribution at the inlet eye with the modified radial inlet manifold

design.

112



Chapter 5

Conclusion and Future Work
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5 Conclusion and Future Work

5.1 Conclusion

The process of designing an integrated rotor air cooling system for a newly developed AFPM
machine is discussed in this thesis. The requirement of the machine to be part of an aircraft
propulsion system adds challenges to thermal design. Hence, particular attention has to be
paid to the design of the rotor, where a failure due to permanent magnets demagnetizations or
debonding as a result of excessive temperature rise would be critical to the aircraft safety.
Previous work by other researchers regarding different applications that involves cooling of
rotating bodies is reviewed. Guidelines and possible geometrical features that can be utilized
to increase the rotor heat transfer are concluded from the literature.

The concluded guidelines from literature can be summarized through the following points:

1. The air gap ratio should be kept lower than 0.02 to increase the heat transfer rate over the
air gap surfaces by reducing the possibility of recirculation of hot air at the air gap.

2. Rotor air vents (holes) can greatly improve the heat transfer of the rotor inner surfaces.

3. Surface-mounted permanent magnets enhance the heat transfer by acting as a centrifugal
fan, inducing a higher mass flow rate through flow ventilated machines.

4. The addition of surface features such as fan blades to the rotor surface improves the heat
transfer on the rotor carrier by increasing its surface area and cooling air mass flow rate.
However, the resulting cooling efficiency of the fan can greatly vary based on the blades
geometry, hence, they have to be carefully designed to avoid an excessive increase in
windage losses.

5. The air vents shape and location with respect to the rotor can significantly affect the

cooling performance.

A study is performed based on these conclusions to determine the best combination of the
rotor features that achieve the best cooling performance with special regards to the magnets
temperature and windage losses as the two main design parameters. The rotor vents are found
to be crucial for lowering the magnets temperature without significantly increasing the
windage losses when compared to a non-vented rotor. The introduction of centrifugal fan

effect through having a protruding surface on the rotor body is found to be essential for further
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enhancement of the cooling rate and reducing the magnets temperature eventually.
Conventional surface-mounted protruding magnets offer a great cooling performance by
increasing the throughflow rotor ventilation and directly cooling the magnets. However, the
electromagnetic design of the machine required having gapless Halbach magnets, hence, the
using magnets protrusions as a cooling feature is disregarded. Rotor fan blades are found to
result in higher windage power loss when compared to other features. Nevertheless, they
significantly improve the rotor heat transfer and pumping capacity.

The study concluded that a vented rotor with embedded fan blades would be the most suitable
configuration for the designed machine and further studies are done to improve the cooling
performance of the blades are done.

Radial fan design concepts are utilized to improve the geometry of the blades. Design
iterations are done using different rotor and blade geometries configurations. Sectional
rotational CHT CFD simulations are used to assess the thermal performance of the tested
geometries. Periodic sections of the full rotor assembly are modeled and simplified cover
geometries with a fully axial inlet and open periphery are used for the simulations for blade
shape studies for simplification.

Straight fan blades are tested for two different rotor carrier base geometries (back plated and
open channeled rotors). The back plated rotor is modeled based on rotor geometries discussed
in literature designed for a similar machine. The results showed that the rotor backplate is not
effective for improving the heat transfer despite its larger surface area. On the other, the heat
transfer and the pumping capacity in the open channeled rotor design are found to be
significantly higher as a result of the increased flow area through the impeller. Despite both
designs offering a sufficient cooling rate, they are found to generate excessive windage losses.
Backward curved blades are then tested, targeting lower windage losses. First, the blade inlet
is fine-tuned for minimum separation through initial iterations. Second, the blade shape and
outlet angle are improved through further simulations. This is done with the aid of analytical
calculations to help determine the blade angle for the highest flow rate within the allowable
windage losses range. The blade outlet angle of 38° is chosen accordingly and found to offer
a sufficient cooling rate, resulting in safe operation magnets temperature at 60% less windage

power loss compared to the rotor with the straight fan blades.
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The last step for rotor design prior to prototyping is to design the cover(enclosure). An initial
cover design with a radial inlet and a spiral volute was modeled. The initial enclosure
geometry is based on literature and adapted to the designed machine dimensions and topology.
Full rotor-enclosure assembly is modeled and simulated. The results showed significant
deterioration in the overall heat transfer compared to the partially shrouded models initially
studied due to uncontrolled pressure rise in the volute casing causing circumferential
unevenness and major flow blockage near the impeller trailing edges. This resulted in a 41.7
°C rise in the magnets maximum temperature pushing it far beyond the safe operating
temperature limit.

Improvements are done to the outlet side first to isolate the effect of inlet flow. Multiple design
iterations are done where the outlet volute shape, outlet locations and sizes, and blade outlet
angles are varied to improve the pressure development across the impeller and flow evenness.
Using a circular volute geometry, increasing the number and size of outlets, and fine-tuning
the blade outlet angles eventually resulted in 28 degrees drop in the magnets temperature.
Further improvements are done through modification of the inlet manifold geometry. The
fully axial inlet is studied first to insolate the effect of flow unevenness due to the radial inlet
geometry and measure the highest possible enhancement through having wake-free flow at
the impeller eye. The inlet manifold design is then modified to reduce the inlet flow angular
momentum and abrupt flow direction change which contributes to the formation of wake
regions at the impeller eye, unalignment of flow angles at the blades leading edges, and flow
blockage eventually. This modified inlet results in further enhancement of the overall heat
transfer and a comparable overall thermal performance to the axial inlet.

The final configuration of the inlet, rotor, and outlet is found sufficient to proceed to the
prototyping stage. Although the maximum magnets temperature did not drop below the
originally set temperature limit of 100 °C, the design is found to be satisfactory for initial
testing in a controlled lab environment where worst-case conditions is not expected. New rotor
cooling methods and further improvements to the design are being researched for future

prototypes.
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5.2 Future work

Future research ideas for improvement of the AFPM rotor cooling and better usage of rotor

cooling techniques are recognized through this research. These ideas are presented as follows:
1. Transient drive cycle thermal modeling

The rotor thermal performance is tested in the worst-case scenario at the highest power output
of the motor. Despite the rotor being designed for safe operation at such operating conditions,
the thermal performance through the full drive cycle of the aircraft might be useful for the
assessment of thermal dependent electromagnetic and mechanical specifications of the motor.
This will require a more thorough CFD thermal transient modeling of the rotor which might
be very computationally expensive to perform. Minimizing the computational domain size

and careful balancing of the model complexity and its errors is hence required to be studied.
2. Liquid cooling / Heat pipes in AFPM rotor cooling

An aluminum rotor carrier is used for the design in this research. Although the air cooling
system design is able to maintain safe operating temperatures of the rotor, using a less
conductive rotor carrier material than aluminum can pose a challenge to the thermal design.
Other materials for the rotor carrier (such as steel and titanium) were tested the results showed
a significant increase in the rotor temperatures by a margin of 10 to 15 °C. While usage of
heat pipes in AFPM stators was already researched in earlier studies such as the one presented
by Scooby et al. [80], the utilization of miniature heat pipes or liquid cooling passages in the
rotor cooling system can increase its efficiency by reducing the overall thermal resistivity of
the rotor. Liquid cooling and heat pipes have been widely researched for radial machines
rotors due to the easier implementation of the pipes in the central shaft near to the heat source
at the center; However, the implementation in an AFPM rotor will be more challenging due
to the flat rotor geometry. Accordingly, the thermal and mechanical rotor design must be
carefully studied, and more research needs to be done.

3. Dual-purpose AFPM rotor impeller geometry

The feasibility of embedding fan blades directly to the rotor of an AFPM for cooling purposes
inspires for direct application of AFPM machines rotor in turbomachines. The flat geometry

of the AFPM machines rotors allows for having blades of different geometries embedded in
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the rotor carrier as presented in this research. Turbomachines (fans, compressors, and pumps)
often rely on external power drives which increases the size of their package assembly.
Doubling the purpose of an AFPM machine rotor to directly act as an impeller for a
turbomachinery application can result in significantly reducing their package size and improve
their efficiency through the elimination of coupling mechanical losses. This concept can also
be applied to the machine AFPM individually to eliminate the need for an external pump for
its liquid cooling systems. Rotor impeller/casing design will need to be exclusively optimized
for each of the mentioned applications and more complex mechanical considerations are

expected for pump applications where liquids are involved.
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